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K.-D. BOUZAKIS

Announcment of "BalkanCoat" project,

for interbalkan common research activities

During the " Contact' 95 " Conferen-
ce, organized by the Society of the
Bulgarian Tribologists and the Union
of Mechanical Engineering in Sofia
(31.10 - 02.11.1996), the president of
the Balkan Tribological Association
Prof. K.-D. Bouzakis of the Aristote-
les University Thessaloniki, propo-
sed the establishment of an interbal-
kan umbrella research project, in the
area of development and applicati-
ons of thin hard coatings. The aim of
this project is to focus Balkan sci-
entific and productive potential, on
common research and development
activities.

Advanced research on coating tech-
nology and its applications in cutting,
in bearings, in improvment of mate-
rial tribological characteristics etc.,
may offer an excellent challenge wit-
hin a distinct framework of specific
goals throughout the Balkan neigh-
bourhood. This can be stated consi-
dering the excellent Balkan scientists
research activities in the mentioned
areas, results of which were presen-
ted in many high level papers, in the
Second International Tribology Con-
ference "Balkantrib 96" (June 1996)
in Thessaloniki and included in the
published proceedings of this Confe-
rence.

In order to exploit the previous by
described encouraging situation an

umbrella research project in the sci-
entific field of coating technology
and its applications, the "BalkanCo-
at" project was proposed by the pre-
sident of the Balkan Tribological As-
sociation. The project has the
ambition to enable the cooperation
of interdisciplinary universities, asso-
ciations, committees and research
centres with the directly involved and
interested manufacturing enterpri-
ses. A successful progress of this in-
itiation shall lead to the realisation of
various projects in different research
fields under the "BalkanCoat" um-
brella, The Balkan Tribological Asso-
ciation will be the project organising
and guiding foundation, which will
compose a joint of the separated re-
search actions

A coordinator country per project
will supervise and manage the re-
search team. The first stage of each
project is the development of high
quality coatings by a Balkan coating
producer. The quality of such coa-
tings will be judged by tribological,
indentation and fatigue tests, before
their application in the final pro-
ducts, which can be specific parts of
mature know how. Finally, these full
scale products will be examined re-
garding their competence and ability
to fulfil their development expecta-
tions. The Balkan products will be
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disseminated throughout the invol-
ved Balkan and European industry.

The budget of each project can be
funded by national secretariats or mi-
nistries for research and technology
of each involved country and the at-
tentive manufacturing companies.
An alternative funding possibility is
to include distinct project parts in
other relative European research
projects such as the "Eureka” is. The
president of the Balkan Tribological
Association, who is national repre-
sentative of Greece in "Eureka" shall
provide his expertise in launching
“BalkanCoat" projects into "Eureka".
On that account, for each stage of the
research action the corresponding
partneres, in collaboration with the
Balkan Tribological Association have
to look for the necessary funding me-
ans to cover the project costs,

Interesting proposals under the um-
brella of the "BalkanCoat" project
can be submitted in the fields of coa-
ted conventional and hybrid bea-
rings, of coated carbide cutting in-
serts etc.

For example, the goal of a related
proposal could be the development
of a new type of conventional or hy-
brid bearings (ceramic balls and steel
rings) with coated races, in order to
increase their rotational speed, to re-



duce the friction momentum and
operating noise and to minimise the
lubricant amount. This high deman-
ding project requires low temperatu-
re coating deposition processes, to
avoid the annealing of the races and
extended quality tests, to prevent
coating fatigue failure or increased
wear. The quality tests will be separa-
ted in specimen examination (micro
indentations, scratch tests, pin on
disk tests, RCF tests e.tc) and experi-
mental verification of the full scale
product performance in special test
rigs.

A further proposal of a research pro-
ject under the " Balkan Coat " um-
brella, could be the development of
high quality coated ittserts. The Bal-
kan and European market for this

type of cutting tools is continuously
growing regarding its magnitude and
demands. The coating increase the
tool performance and enhance the
quality of the produced surfaces.
Their fatigue or conventional wear
must me checked with extended qua-
lity examinations, through fatigue
reference tests and cutting experi-
ments. In the frame of such a re-
search project, parameters that have
to be evaluated are the coating sub-
strate combination, the friction, the
wear performance, the heat genera-
tion and temperature behaviour, the
workpiece surfaces etc.

The interested partners have to in-
form the coordinating committee, re-
garding their willness to participate
to a "BalkanCoat" project, by sending

aletter of intent, describing the works
which they can conduct, as well as a
short explanation about the project
aims and the possible paricipants.
For further information every inter-
ested partner, may contact the Presi-
dent of the Balkan Tribological Asso-
ciation, in the following address:

Prof. Dr.-Ing. habil. K. -D. Bouzakis
Laboratory for Machine tools and
Machine Dynamics

Dept. of Mechanical Engineering
Aristoteles University of Thessaloniki
GRS54006, Greece

Phone: (++3031) 996079, 996021
Fax: (++3031) 996059

E-mail:

Bouzakis @OLYMPCCFEAUTH.GR

Tribology in industry, Volume 19, No. 1, 1997.
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I. M. CIORNEI

Progresses of EHD Traction - Drivers

RESEARCH

The paper presents an analysis of friction power losses in elastohydrodynamic traction drives and underlines
the possibilities of optimisation of these transmissions. Finally, several high performance traction drives are

described.

Keywords: Friction, power losses, elastohydrodynamic, fluid

1. INTRODUCTION

Elastohydrodynamic traction drives represent one of the
few fields in which the fluid friction is an useful pheno-
menon. Mechanical power is transmitted between the
active elements of these drives by shear of elastohydro-
dynamic oil films. A part of the input power is dissipated
in the film by parasitic shears. The remaining part repre-
sents the useful, transmitted power. In order to optimise
the efficiency of elastohydrodynamic traction drives, the
parasitic shears must be minimised. Traction drives con-
ceived 1o this end are finally described in the paper.

2. FRICTION SOURCES IN
ELASTOHYDRODYNAMIC TRACTION
DRIVES

The fluid friction in EHD traction drives depends on
many physical factors, of which the most important are
macro and microgeometry of contacting elements, con-
tact deformations as functions of material properties,
lubricant nature and lubrication procedure, [1].

Nowadays it is convenient to measure global power los-
ses in an EHD traction drive and to assess theoretically
the components of friction. Consequently, the possibili-
ties of optimisation of traction drives are severly limited,
(1, 17,19, 20]. As a general view, the power losses in a
traction drive are composed of:

* friction in kinematic pairs;

* friction between moving elements and lubricating me-
dium;

« friction in sealing elements;

* air ventilating for cooling the drive.

1. M. Ciornei
University of Suceava, 5800, Suceava, ROMANIA

Tribology in industry, Volume 19, No. 1, 1997.

As shown in figure 1, each of these components is a sum
of several sources and can be identified finally as a part
of global friction torque of the drive.

Losses by elastic hysteresis

During rolling, the inlet zone of the contact is subjected
to loading, whereas the output is unloaded. The loading
and unloading load-deformation curves do not concide
and the area limited by them is a measure of the the
energy loss by elastic hysteresis per cycle. This loss de-
pends, [1, 2, 6, 18], on:

» elastic properties of contacting materials: as the mate-
rial behaves more elastically, the energy losses decrea-
se, whereas a viscous behaviour increases the power
dissipation;

* contact stresses: at low levels of contact stresses the
material behaves more linearly and the hysteress de-
creases;

* stressed volume.

Hysteresis losses are small in comparison to other losses.
For instance, Drutowski [6], attributes a friction coeffi-
cient of 10" to hysteresis losses.

Althouth small, these losses increase as the transverse
reduced radius of curvature of the raceways increases, as
a result of increasing stressed volume.

Losses by nonuniform pressure distribution over the contact
area

The hydrodynamic pressure generated in an EHD oil
film yields a resultant force which is displaced towards
the entry zone into the contact. It is assumed that this
effect is responsible for the major part of rolling friction,

[3].
Losses by microslip inside the contact
Two loaded active elements of a traction drive make

contact over a finite area. Only a small fraction of the
points placed in this area belong to the axoydes of mo-
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Figurel. Power disipation in EHD traction drives

tion. In the remaining points microslip occurs. This de-
termines a local microshear of the oil film and conse-
quently, shear stresses opposing the relative displace-
ment. The resultant tangential force generates power
dissipation, which increases with normal load and con-
tact ellipticity, [8].

Losses by longitudinal sliding

Longitudinal sliding occurs in an EHD contact either as
an useful result of the operating process or due to para-
sitic shear produced by lack of synchronisation between
parallel intermediate elements. This sliding is the results
of shear behaviour of the oil film and is characterised by
the traction coefficient, [14]. Specific measures, such as
the use of special lubricants, small rolling speeds or low
temperatures are required to reduce the longitudinal
sliding. Decrease of this sliding also requires a better
synchronisation of multiple intermediate elements of the
drive, [4], figure 2.

Figure 2. Lack of synchronisation between parallel
intermediate elements

Tribology in industry, Volume 19, No. 1, 1997.



Losses by spin

The spin motion is a resuit of contact kinematics, Expe-
rimental and theoretical investigations, [1, 5, 7, 13, 15,
19], indicate that spin greatly affects traction curves.

Losses by side slip

Side slip occurs in a contact when the axes of the contac-
ting elements are crossed. It reduces the traction capacity
of the contact, as the spin does, [14] .

Losses in main bearings

Usually, the rotating elements are supported in traction
drives by rolling element bearings. These are heavily
loaded by the normal load applier to the contact. As a
result the friction in bearings is high and it dissipates an
important part of the drive input power, [11].

Losses in auxilliary bearings

Friction pairs are formed between active elements and
their housing. The sliding friction in these pairs can be
high, especially when lubrication is poor. Auxilliary, lig-
thly loaded bearings are used to support and position the
assembly of intermediate elements, The friction in these
bearings is usually small.

Losses by churning become important when the surface
of moving elementsis large and the oil level is high. These
can be reduced by using an incorporated pump to lubri-
cate the drive and a low oil level.

Losses in sealing elements cannot be eliminated due to the
design of the drives. Sealing elements having low power
losses are therefore required. Losses by air ventilation
occur because the drive case must be cooled by means of
a fan placed on the input shaft. A low temperature is
required by a correct opperation of drive,

Figure 3 indicates the values of the cross angle as functi-
on of maximum Hertz pressure which reduce the trans-
mitting capacity of the contact by 10%o0 and 20%. It is
advisable to keep this angle below 50'.

When thermal conductivity is predominant, the energy
balance equation yields relationships for the ratio of
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Figure 3. Limiting values for crossangle:
a) for 10% diminuation of transmitting capacity;
b) for 20% decrease of transmitting capacity;
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traction force under spin and side slip to the traction
force when no parasitic shears act, [10]. These can be
written as:

ﬂ,nc .u2
12 K

= )
Jzparasitc _p-aAS

;A=
F
where: S: = Wgp / @y, under spin and
S" = Av/v under side slip.
In these relations 3 is the thermo-viscous coefficient, 7.
the rolling speed and K, the thermal conductivity.

Two possibilities exist to reduce the parasitic longitudinal
sliding caused by lack of synchronisation between multi-
ple intermediate elements of a traction drive. The first
consists in rising the precision of the drive but it rises the
price of the transmission. The second relies on supple-
mentary mechanisms to allow the selfpositioning of the
intermediate elements. It seems to be more efficient than
the former.

As shown above, the friction in the bearings of the drive
can be comparable to traction transmitted through the
active contacts. As a result, if traction oils are unavaila-
ble, it is of utmost importance to unload the main bea-
rings, [1].

The reduction of churning and ventilation losses requires
lubrication of the drive by oil circulation. To this end a
small incorporated oil pump can be used.

3. POSSIBILITES OF FRICTION
DECREASE IN EHD TRACTION DRIVES

The major part of power losses in a traction drive is
caused by rolling, longitudinal sliding, spin, side slip,
churning and ventilation, [9]. The other power losses,
shown in figure 1, are of the secondary importance.

The negative effect of spin upon power losses into an
EHD contact is well known, [1, 5, 7, 9, 13, 15, 16]. It
consists of a reduction of the slope of traction curves and
of an increase of longitudinal sliding. This effect increa-
ses with rolling speed and it depends essentially on the
rheological behaviour of the lubricant, [14]. The spin
also reduces the maximum value of the traction coef-
ficient, as shown in figure 4. At small values of spin-
roll ratio this effect is unimportant, but it increases
drastically above a limiting treshold of about (2-3)%,
[1]. The influence of spin on maximum traction coeff-
cient, at various rolling speeds, is shown in figure 5.

Relations to estimate the spin-roll ratio in a point
contact, as deduced by authors, are given in Table 1.
Some of these are experimentally verified, as seen in
figures 6 and 7 for, respectively, a ball on disc and a
kopp B traction drives.



Table 1. Relations to estimate the spin-roll ration in a point contact
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Figure 4. Effect of spin on maximum traction coefficient
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Side slip occurs in a contact due to cross missalignment
of the element axes. The negative effect of this parasitic
shear is comparable to that of spin, [6]. High precision
machining and and mounting are required to reduce the
side slip.

3
H max
0,051 1% spin
0,04+
' 2,1% spin
0,031 2,8% spin
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0,0
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Figure 5. Effect of rolling speed upon maximum
traction coefficient
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Figure 7. Spin in Kopp B traction drive

4. PROGRESS OF KOPP B TRACTION
DRIVER RELATED TO AN OPTIMUM
SPIN

The technical literature concerning traction drivers re-
commends finding solutions for spin reduction as a main
way of increasing the capable traction and efficiency.
Figures (8 - 11 ) show spin variation for different values
of the transmission ratio with respect to the contact
pressure and a series of structural dimensions, in the case
of a Kopp B drives.
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Figure 12. Improved Perbury traction drive

ForR;/R = 0.5, 0, = 2 GPa, taking for the entrance
disc an angle a =15°, the spin is reduced for over
60 percent for a range of 5; as a mean value, the
spin is diminished for over 40 precent for the whole
range.

If the cones angle is 30°, only for a limited range
the spin reduction is considerable, and yet, the spin
is more diminished than in the intial variant, [1], [7].

In conclusion, the most favorable angle is Qpprim
= 3(°, not only by the above considerations, but
also, by considering the fact that the use of this
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Figure 13. Traction drive with reduced spin

value does not complicate the ratio adjusting sy-
stem. On the other hand, reducing the angle from
45° to 30° a decrease of the axial force value from
the journal bearing occurs and therefore, a lessen
of the losses too. The value ¢ = 0.85 for the
conformity of the contact between the ball and the
retain - lubricate ring, which ensures minimum
rolling losses, is recommended, [1], [7].
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5. VARIABLE RATIO, HIGH
PERFORMANCE TRACTION DRIVES

As stated above, the reduction of active contacts is a very
efficient solution to decrease the power losses in a trac-
tion drive. This idea led to two new designs of traction
drives, namely an improved Perbury drive, shown in
figure 12, and a reduced spin torical drive, illustrated in
figure 13, [1]. These use double rollers that lead to a

decreased spin-roll ratio, a higher contact fatigue life and
improved conditions of lubrication of both contacts. The
corresponding analytical relationships are given in [7]
and shown in figure 14.

Another efficient solution consists in an internal design
of the drive based on unloaded main rolling bearing and
on an incorporated oil pump for lubrication, [12]. Such
a traction drive is shown in figure 15, [11]. As indicated
in figure 16, the performances of the ball on disc traction

drive are high. A different version of this design is
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Figure 14. Spin - roll ratio in Perbury traction drives
O classical version; o improved Perbury drive;
A reduced spin drive
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Figure 16. Performances of ball on disc traction drive with
unloaded rolling bearings
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Figure 15. Ball on disc traction drive with
unloaded rolling bearings

5. CONCLUSIONS

The following conclusions can be drawn as a result of the
analysis performed above:

» improved performances of EHD traction drives requi-
re reduction of functional longitudinal sliding by use of
special lubricants, of adequate cooling of the drive and
a low treshold rolling speed just able to form a fluid
form;

» higher performances of EHD traction drives are obtai-
ned if the spin - roll ratio in the active contacts of the
drive is reduced by an adequate geometrical design of
these components;

» a high precision machining and mounting is necessary
to produce a high performace traction drive;

» when multiple paralle]l intermediate elements are
used, these must be synchronised by carefully concei-
ved mechanisms;

» normal contact load must be applied directly to the
active elements in such a way that the main rolling
remain unloaded;

» an internal oil pump to assure a correct lubricant flow
through the contacts is essential for a high efcienty
transmission;

» examples of improved versions of traction drives which
incorporate these principles can be seen in this paper.

11
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This paper considers theoretical and experimental aspect of unguided rocket projectile motion through the launcher
of tube type. Major performances that influence shoot precision are initial rocket velocity and initial rotation (rpm)
of projectile at launching tube muzzle. Both parameters are achieved by rocket engine forced motion.

Initial muzzle velocity is realized by total impulse of reactive thrust force, diminished by friction forces in launching
tube. Initial rotation at tube muzzle could be realized by forced rocket motion through the screw gutter formed in the
launching tube (one or more) or by space inclined nozzles driven by axial rocket thrust force.

Paper considers theoretical and stochastic experimental research of friction forces in static conditions. Boundary
parameters that have influence on friction forces are determined. Average value and distribution of friction force is
experimentally determined. Total influence of mentioned paramneters is evaluated on the basis of experimental results.

Keywords: tribology, friction forces, launcher, unguided rockets, initial velocities.

1. INTRODUCTION

One of the most important parameters to obtain needed
weapon performances, in the case of unguided rocket
projectiles, is initial velocity (muzzle velocity), and also
initial r.p.m at the lip of the launching tube. In fact, the
most of modern artillery weapon systems have the tube
type launchers as the best solution for unguided rockets.
Multitube launcher is a weapon that has lower precision
than classic guns and howitzers, but strong ripple fire,
and speed of fire gives them important advantages. Abo-
ve mentioned parameters have strong influence on pre-
cision and so, friction and friction forces become impor-
tant factor during launching,

Achievement of rocket muzzle velocity and initial r.p.m.
is realized by active motion through the launching tube
using rocket engine thrust. This thrust is diminished by
parasite drag that could be of impulse or continual type.
Typical impulse parasite drag is rocket lock force in a
launcher. Typical continuozes force, is a friction force,
generated by all types of motion through the launching
tube.

Two principal types to achieve r.p.m. of rocket, at the lip
of the launching tube, are:

* the first type, by space inclined nozzles, that gives
lateral component of thrust force. Distribution of few
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nozzles around aft end of the rocket, gives rotational
momentum generated by lateral forces of each of
nozzles mounted on the aft end radii.

the second type is the forced motion of the rocket
caliber wedge through screw gutter. Active force mo-
ves rocket axial through launching tube, but rocket
wedge that moves through screw gutter along the tube,
gives additional rotation and at the aft end of the tube
initial r.p.m. of rocket.

It is possible to realize two or more gutters along laun-
ching tube but it depends on design and type of rockets.

Friction forces in both cases are parasite drag that influ-
ence on initial muzzle velocity and r.p.m. losses, at the
same time. Paper considers only the second type of initial
rocket r.p.m. achievement.

There are two basic aims in this paper:

« thefirst is to evaluate appropriate mathematical model
that gives relation between axial velocity and r.p.m. and
friction forces joint with other forces.

* the second, to evaluate mathematical law and distribu-
tion law of stochastic nature of friction forces in real
designed launchers.

The first aim always gives adequate evaluation of rocket
initial velocity losses that is important factor for exterior
ballistics and precision analyses evaluation. Also varia-
tion of friction forces gives possibility to realize calcu-
lation of maximum friction that represents threshold
influence on needed performances, and to propose regu-
lations for production control.
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The second aim gives mathematical distribution and
expected values, and, of course, statistical parsmeters
necessary to evaluate qualities and properties of all tubes
mounted on the rocket weapon. This is system integra-
tion and necessary data analyze about system behavior.
This paper considers only screw gutter type of launching
device, and it's theoretical and experimental model.

2. PHYSICAL MODEL

The most important initial parameters that gives initial
stability of the rocket motion at the first active phase of
trajectory, are initial muzzle velocity and initial r.p.m.

Major drag in launching tube is generated by friction
forces. Lock force is a step form function and it is possible
to take it in calculation before rocket motion. In spite of
that, friction forces have stochastic character and also,
sometimes, they are function of velocity of rocket.

Physical model of rocket with space inclined nozzles that
provide initial rotation is shown in fig. 1. This physical
and accompanying mathematical model could be explai-
ned with next few assumptions:

1. Active moment produced by rocket engine space in-
clined nozzles initiate rotating motion of projectile
in Jaunching tube. This active moment is produced
by lateral component of thrust force that acts on pro-
jectile at the radius d/2 (fig. 1). Opposite to this ac-
tive force acts tangential friction force F, that acts
uniform over the rocket perimeter of caliber D/2 (in-
side of the tube wall).

2. Axial motion is realized by axial component of thrust
force (F,) diminished by projectile weight G-sinf and
friction force in launching tube Fy,, (axial friction for-
ce).

Figure 1.
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3. Projectile motion is usually realized with constant
thrust force F, and nozzles are space inclined by con-
stant angle i/, relatively to the projectile axis. Laun-
ching tube is elevated for the fixed angle 8 with
respect to horizontal, so that projectile gradually
changes potential energy during its motion toward
the launching tube lip.

4. Projectile weight component G-cos8 is normal force
for both friction forces.

5. Friction coefficient is considered as independent of
velocity in either axial or tangential direction for ve-
locities up to 75 m/s. In velocities interval from 75 to
150 m/s it is slightly dependent on velocity and this
dependence has hyperbolic form.

Basic physical model, of screw gutter and caliber wedge
system of launching, that provides r.p.m. of rocket rolling
is shown on the fig. 2. This system is always used when
higher caliber and higher ranges of unguided rockets are
considered. Rockets of this type have booster engines or
booster phase of sustainer engine, that realize (provide)
impulse in a launching tube.

Principal feature of this system is to achieve r.p.m. by
forcing wedge to move through screw tube gutter. Thus,
physical model of resulting motion consists of axial rok-
ket motion through the tube and rocket rolling along the
tube axis,

Physical model of forces could be explained by next few
states:

1) Axial thrust force generated by rocket engine is in
the axis of rocket and launching tube. Opposite of
rocket thrust acts G-sin@ force, as a functional com-
ponent of rocket weight G and active launcher eleva-
tion angle 6.

2) Three friction forces appear in a physical model. The
first in contact of rocket with launching tube, rising
up by normal component of rocket wedge, G-sin0,
and signed as F g (fig.2).

Second friction force appears as a component of to-
tal force in the screw gutter, generated by forced mo-
tion of wedge through gutter.

3) Perpendicularly on tube axis, but in the gutter, that
means, tangentially on the tube diameter acts reac-
tion of component of gutter perpendicular force.
Gutter perpendicular force (fig.2), is equal to active
force that initiates rolling of the rocket. This force
arises due to rocket thrust force action and rocket
wedge coupling with screw gutter, as a component of
thrust force. This is composition of forces and its
components in a screw gutter (angle of screw y).
Friction caused in a screw gutter is component force
that acts on the active lateral side of gutter, during
rocket wedge sliding.

4) Out of gutter, tangentially to the inside diameter of
the tube, contact between rocket and inside tube sur-
face generates new third friction force, caused by

Tribology in industry, Volume 19, No. 1, 1997.
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Figure 2.

rocket rolling. This is friction drag force due to roc-
ket rotation F,;,).

5) Invariants of this physical model are next parame-
ters:

» Thrust force generated by rocket engine (average
value or unsteady state value, depending on adopted
model).

» Weight G of rocket

» Elevation angle 8 in vertical plane, of the tube with
rocket,

> Angle of the screw symbol y that directs gutter along
the tube,

» Friction coefficient between rocket and launcher u.

2.1 Friction Coefficient Analysis

At the very beginning of this research, friction coefficient
was considered as a function of velocity in a simple form:

= o (1)

In this equation coefficient k takes into account type of
material and manufacturing quality of contact surfaces,
eccentricity, etc. This type of equation gives general
function form of relation between velocity and the fric-
tion force.

But, it is well known from previous research that in areas
of lower speeds, friction coefficient is constant. Functio-
nal dependence expressed in form (1) is available only
for areas of higher speeds between contact surfaces. That
means that coefficient of friction keeps constant value in
area less than threshold velocities that are about 75100
mjs.
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So, complete functional relation between velocity of sur-
faces in contact motion and friction coefficient, could be
expressed in an approximate form as:

Ho forV < Vg (75+100"Sec)
M= k-Ho - (2)

----------------------------------- V>V,

kvpo- Vv VY

Figure 3.

But all that analysis gives poor (inadequate) results.
Basic reason for that lies in fact that angle rolling for
screw gutter type of rolling initiation is used always for
r.p.m. numbers of about 600700 rp.m. Missile diame-
ters (calibres), are usually less than 280 mm, so contact
velocities values are about 10 m/s. Friction forces, gene-
rated by axial motion of rocket (along launching tube),
take different velocity regimes. However, maximum ve-
locities on the lip of the tube are about 80120 m/s, so
threshold velocities, in accordance with fig. 3 appear at
the aft end of launchers. That reason is indicative enough
to conclude that coefficient of friction in this launching
system could be taken as approximate constant. That is
reason why in above mentioned invariant parameters,
friction coefficient also exists.

3. MATHEMATICAL ANALYSIS

Mathematical model is a solution of certain equations
with next aim:

» To state relation between rotational and axial motion
by velocity parameters.

* To form mathematical model where it is possible to
take in consideration values of friction forces and dis-
tribution functions of forces, based on experimental
research.

General purpose of mathematical modeling is to get
dimensionless coefficients that have influence on initial
r.p.m. and axial velocity of the rocket at the lip of the
launching tube.General form of Lagrange's equations of
IT order that represents this type of problem is:
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where: i=1, n (n - number of degrees of freedom).

For the first type of launching, shown in fig. 1, with space
inclined nozzles, rotational motion is independent of

axial. Lagranges equations of the second order, for ge-
neralized coordinates x and ¢ are

d (0Ey) 8Ex 0K,
E(a.ii]+ O x; " ox; O “)
d 6Ek 6Ek aE
E(%i} 89, a¢i =9 )

where equations for kinetic and potential energies are:

.2 . 2
n-x Jep
+ y

2 2
E,=m-g-x-sin§

E;=

and fer generalized forces:
=2Fx:Fa'Sin‘r’/‘FxtrJ
d D
Qp = ZMsv = Fw'i _FW'"Q""

Final equations of motion that result from this model
could be considered in two ways, caused by different
distribution of friction force in two segments of launching
tube. These two segments conditionally could be named
as low velocities segment, where friction force is inde-
pendent of velocity, and high velocities segment, where
dependence of friction coefficient on projectile velocity
is given by equation 2.

Thus, for low velocities segment, final equations of pro-
jectile motion are

F, cosy .
T m — g (sinB+ - cosO) =Kp, (6)
F sml,// d G
ey ] ms@ 5 “H = Kyp (7)

For high velocities segment final equations of projectile
motion are

N &
x+3c+C2+C3:0 (8)
-
¢ ¢+Sg+ - @
where C; and §; are
k F -cosy
Clzk-g-casﬁ, CZ:;—, C3:g-sim9~ =
0
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G 2.k Fa»sim// d
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1 J, D /‘0 3 J, 2

Solution of final equations of projectile motion for the
first segment gives velocity and angular velocity at the
exit from the launching tube as:

fo= VRp V2T (10)
. Ko

= i b 1 ]]
Po ‘/kF_x \/2 0 ( )

so that ratio of initial velocities of axial and rotational
motion at the launching tube exit is constant and equal
to the ratio of axial and angular acceleration,

xg Kg ¥

Ok const =-v (12)

Po KM(p @

For the second segment solutions for x y and ¢ are:

%9=RytVRy Ry 7 (13)
(Dg R1¢, Ro —Rj’(p T (14)

where: Ry, Ry, R3p Rjy Rp,, Rz are algebraic fun-
ctionsof constants C;, Cy, C3, 53, S, and S; of differential
equations obtained from (6) and (7).

For launching model shown in fig. 2, generalized coordi-
nates ¢; and generalized forces (J; are expressed in a
form, of moment acting on rocket:

H#

D -F - (siny -cosy - -COSB ——,u'sinzy) (15)

Q=7

where n=F,/G, is a relation between axial thrust and
weight force.

Coordinates of axial motion x and rotational motion ¢
of rocket are not independent, so relation between axial
velocity x and angular velocity ¢ is determined by screw
gutter angle and diameter of gutter position on the tube.
Then, well known relation of screw-narrow motion is
expressed in a form

i=§-tan7/'fp (16)

So it is possible to get kinetic energy equation only as a
function of one generalized coordinate ¢ in a form

m D2
Ey=¢ [2 . -~2-'tan“;/+§} (17)

If we take time of launching (7) as a known parameter,
and if we suppose that acceleration in a launching tube
has a constant value X, then initial angle velocity at the
lip of tube becomes

2.1
00=Kirp 7= Kpgyr x" (18)
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Final form of coefficient Kjy,, is a ratio between generali-
zed force ), and double coefficient of the derivative of
kinetic energy in Lagrange's equation,

Qo
Kup=57¢ (19)
Coefficient C 1s,
2 2
_m Dtan’y Jx
C= 5 p + 5 (20)

Using Lagrange's equation or using axial to rotational
coordinate transformation, we get the second derivative
of axial coordinate (linear acceleration) in a form:

ot 1)

=5
This equation shows that total differences of friction
forces and active forces expressed in a form of coefficient
K p, give constant acceleration along the tube. This
opinion is supported by form of term H analogous with
coefficient C and expressed in a form

m Z'Jx

=—+ . (22)
2 p? tan27

Both equations (21) and (22} indicate that acceleration

depend only of active forces, because all other influence

parameters are constant. Final solution of muzzle velo-

city x at the lip of the tube (length lp) is
x=VE V21 (23)

Ratio between initial (muzzle) axial velocity and initial
r.p.m. has form

Yo _ & (24)

Using equation (14) we obtain final form of invariant
coefficients

-tany (25)

This equation gives relation between forces of transla-
tion and rotation expressed in a form of inertial coeffi-
cients.In this case of launching ratio between rotation
velocity of projectile and axial velocity is independent of
friction in a launching tube, and depends only on geome-
trical parameters of launcher and screw gutter.

4. EXAMPLE

In calculation example shown in fig. 4 and 5. there are
curves of the initial axial and angular velocities (r.p.m.).
This case considers ideal type of launcher without fric-
tion forces and real with determined value of length /.
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Figure 4. I case of launching

Distribution of axial and rotational velocity is given for
real dynamic of launching.

It is important to notice that losses with respect to velo-
city and initial rotation, caused by friction forces for the
first case of launching (in tube without screw gutter),
have non-linear character only in the last segment of
launching path. Diagram on the fig.4 shows constant
value of friction force and non-linearity effect is neglec-
ted (disregarded). Active force in a launcher that gene-
rates acceleration of projectile is taken as a constant. So
both curves, for real and ideal launching, have linear
form (that means constant acceleration).

V (m/s) 12
-1, —=— |dea| veloccity
@® (s ) 100~ —0-— Reallvelocit T
) ] -4 {dea} angle velocity *
)

v -—0— Real angle velocity
—a—"Friction force

A\

) ] /V/V
/4/////d =

Launching path x(m)

Figure 5. II case of launching

S. EXPERIMENTAL AND STATISTICAL
RESULTS

During experimental research, force of friction has been
measured by using real model of rocket. Model of rocket
was towed through launching tube, and friction force was
measured by extension dynamometer. This method gives
friction force with the highest value of friction coefficient u.

Experimental results have been reduced and shown in a
table T1, with appropriate statistical values.

The diagram of normal law of distribution is shown in fig. 6.

It is visible (obvious) from diagram that number of expe-
riments (N=32) is not enough to get good agreement
with normal law of distribution. However, general form
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of normal law of distribution is proved and experimental
data for friction force distribution law is provad as a
stochastic function,

Table T1
i value of | appearing vjlféaﬁ;_i.v exponential’
number [ friction | number f; X ‘- parameter.
of force |(frequency)| . ffertlent::e: lt=|XiX|/o
points | X; [daN] [daN] B
1 16 1 5.1875 2.7600
2 17 (o] - -
3 18 3 3.1872 1.7019
4 19 1 2.1875 1.1674
5 20 6 1.1875 0.6337
6 21 5 0.1875 0.1000
7 22 9 0.8125 0.4300
8 23 5 1.8725 0.9600
9 24 0 - -
10" 25 1 3.1825 2.0346
11 26 1 48125 2.5600
o DX
Average value X= TN 21.1875
- Dl X=Xy
Standard deviation o= V- N =1.8738

But it is not possible to talk about friction force as random
function, because calculation of dispersion shows other con-
clusions. In the table T2 are results of total percentages of
friction forces in some dispersion tolerance fields.

Table T2
probability (or percent)
tol
olerance of all-appeared forces objection
field . -
in a tolerance field
P(X;<X<X5)= 071 (71%) | given value
+ 2 daN Xy=19.18 daN of tolerance
X»=23.18 daN field
PX-to <X <X+ t0)
t=1 P =09545 (95.45%) . |
that X,in=17.44 given ‘_’a_“el
means X, =24.92 of.statlst'lca
+ 20 t0 =20=374daN dispersion

R=20/X=~0176 (+17.6%)

From table T2 it is possible to conclude, that in dispersion
area (measured by force), of only +17.6% of average
force value, there are 95.45% of all measured values of
forces. That shows excellent agreement with predicted
theory that is possible to take into account all forces with
error of about 15+20%, by total effect.
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If consideration, that friction force is a small value com-
pared to other forces, is taken into account, error of 20%
(that is real), has not big influence on final results.

Experimental and statistical analyses proved that predic-
tion,

6. CONCLUSIONS

Appropriate research was developed to describe physi-
cal, mathematical and experimental model of friction
forces in a launching tube of multitube launcher.

Mathematical model shows relation between muzzle ve-
locity and initial r.p.m., and also place and type of influ-
ence of friction forces in a tube, on these important
rocket performances.

Experimental results, and statistical description of obtai-
ned data, shows normal law of distribution and possible
tolerance field that contains 95.5 % of all friction forces
that appeared during static test. That field is about % 78%
up and down of average value of force measured in all
tests. Error made in mathematical treatment is not of
particular significance in that case.

Experimental results also gives data about necessary
design parameters specially for tolerance field between
dimensions of rocket to launcher integration. This tole-
rance field can be proved by measurement of friction
forces tolerances (it's dispersion) and given as a regula-
tions for final control.
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This paper is based on the number of hypotheses regarding stages of scrapings' formation during the ceramics' material

processing, with special attention to the spotted processes. In order to make complex consideration of the occurred
phenomena, there proceeded the process of micro-cutting using the separated diamond grain on samples of
oxido-carbide (B3, BOK60) and nitrite (Silinit R) ceramics. The experiment was made with variable depth and
penetration speed of the cone-shaped diamond grain of the tip angle B = 120-160°. The obtained results show that
the mechanism of scrapings' formation is mostly influenced by lateral, radial and penetrating cracks. This paper also
deals with possible equality between the processes of micro-cutting and hardness measuring at the grain pressing.

Keywords: ceramics, diamond, cracks

1. INTRODUCTION

The processing by grinding results as the summed effects
of each abrasion particle, manifested through the defor-
mation and destruction. However, in the processing area,
micro-deformation and micro-destruction mechanisms
differ, subject to processing parameters and non-uni-
form material to be processed (defects in the structure
of material and defects occurring during processing).
Still, there is no theory that would closely connect cera-
mic material micro-structure with the appropriate char-
acteristics. Existing analyses regarding mutual connec-
tion always consider appropriate hypotheses. The
occurrence of cracks may be spotted with two-phase
ceramic materials with anisotropic heat expansion, or
anisotropic elastic properties.

Papers by Takamia Y, Evans A.G., Heuer A.H., Cugo A,
etc., deal with the study of ceramics' micro-structure.
From their point of view, ceramics' defects are classified
as: dislocations, deformations, pores, stages, grain sedi-
ments, segregation along the grain edge, and premises in
form of hard solution.

At abrasion processing, the corresponding characteri-
stics are submitted to significant changes due to the rate
of the fastened abrasive hardness. Abrasive may be fa-
stened hard of elastically, which changes the load distri-
bution per grain, and therefore the penetration depth.
Therefore, at the tools designing, we must consider per-
missible load per grain, as well as the fact that, in mate-
rial, forces occurred at processing should form local
stresses below the level of the destruction ones.

Doc. dr Ljubodrag Tanovi¢
Mechanical Engineering Faculty, Beograd
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2. HYPOTHESES REGARDING
SCRAPINGS' FORMATION

Hypotheses regarding stages of scrapings' formation du-
ring the ceramics' processing are mutually different, even
contradictory.

Nakajima, T, Uno, Y., Fujiwara, T., [4] have, at ceramics'
samples Syalon and PSZ, during micro-cutting with va-
riable depth, using the cone-shaped diamond grain, of
the tip angle § = 120° and r = 5-30 um, spotted three
depth zones: a) zone of elastic and plastic deformations,
as well as the cutting zone; b) there is a critical depth and
a normal force which corresponds to both plastic defor-
mation beginning and cutting; and c) the diamond grain
trace, formed as a result of plastic deformations and
brittle erosion.

Salje, E., Mohlen, H. [6] suppose that, on the basis of type
of the diamond grain chipping and connecting tissue,
during the ceramics processing there occur "ripping" and
"scraping" of the surface rather than ordinary scrapings
chipping (figure 1). Such mechanism of the scrapings'
formation is the result of the great material brittleness.
According to their opinion, the diamond grain penetra-
tion is performed in three stages at metal processing,
Contact stress between the grain and material is the most
important for the scrapings formation. At grinding, the
scrapings chipping may lead to slight connecting tissue
erosion.

Inasaki, 1. [1,2] has compared processing of brittle and
resistant materials using the diamond grain and conclu-
ded that brittle material processing produces thin disper-
sion scrapings of different shapes. Such scrapings are
result of cracks, at which the scrapings thickness may be
bigger than the cutting depth (fig. 2).
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Fig. 1 Parallel presentation of the scrapings formation
at metal and ceramics processing
1 - elastic deformations; 2 - plgstic deformations;
3 - scrapings chipping; 4 - scrapings; 5 - material
1o be processed; 6 - diamond grain; 7 - forces
against softening; 8 - ripping; 9 - scrapings pieces

Hepworth, A.A., and Thompson, R., [5] suppose the simi-
larity between the processing mechanism of ceramics and
other materials, including titan and silicon alloys, hard to
be processed.

Prins, J.E, thinks that during ceramics processing, there
mostly appear both brittle material chipping and elastic
deformations, grain chipping as well as the occurrence of
micro-cracks.

Fig. 2 Model of the scrapings' formation at
the ceramics grinding
1, 2 - abrasion grain; 3 - scrapings' pieces that passed
over the processed surface of the former grain;
4 - non-processed surface: 5 - processed surface

Thiel, N.W., stresses that, during the correctly conducted
ceramics processing, there mostly appears ceramics grain
chipping, which result is the occurrence of good surface
topography.

Pluta, Z., starts from the fact that, at the coupling of two
bodies, there appear stress and deformations which furt-
her cause cracks and chipping of full ceramics grains or
its pieces. The result of the said is brittle cutting,
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Lemener, A. [3] says that, due to the surface temperatures
within the cutting zone, ceramics may become soft, and
therefore, plastically deformed, and, as well as other
materials, it is well processed with cutting.

Luroe, G.B. bases his theory on the scrapings' formation
on the diamond grain penetration depth through the
processed material. At small penetration depth, there
exist elastic deformations as well as friction, while, at
bigger one, there exist plastic deformations which, at
certain moment, cause the occurrence of scrapings.

Imanaka, O., Fuyiuo, S., Mineta, S., have compared the
scrapings' formation at brittle and resistant materials and
concluded that, at brittle material processing, there ap-
pear thin - dispersion scrapings.

3. PROCESSES DERIVED FROM THE
DIAMOND GRAIN PENETRATION

For the purpose of complex study of processes derived
from the diamond grain - ceramics contact, researches
are organized in two directions: 1) realization of the
stand for micro-cutting process under regular grinding
regime, and 2) identification of the grain pressing process
at hardness measuring with the diamond grain work
inside the whetstone.

Taniguta [1, 2] has, in his researches, pressed the grain
with sharp and oval tip into brittle and resistant material,
and analyzed occurrences derived in this way, figure 3.
During the penetration of the oval tip grain through
brittle material, there appear cone shaped cracks along
the contact zone edges, expanding through the brittle
material body. Regarding plastic material under the ana-
logue conditions, there appears grain shaped crater with
outlets along edges. During the penetration of the grain
with small radius of the oval tip, and at slight forces, on
both materials only plastic deformations may be spotted.
At penetration of sharp grain into brittle material there
appear cracks in direction of penetrating, as well as in
other directions.

The occurrence of these cracks is explained with the
presence of initial cracks in brittle material, i.e., cracks
which are connected to the ceramics material structure.
At penetration of such grain into plastic material, mate-
rial behaves the same as in case of penetration using oval
tip grain.

Such research is characterized by two phenomena: no
methods, which would enable separation of the initial
cracks from the ones occurred in the process, have exi-
sted so far; grain penetration considers no deformation
rate effects.

For the purpose of reaching the highest level of inspec-
tion in the phenomena derived from the diamond grain-
ceramics contact, the micro-cutting process is performed

Tribology in industry, Volume 19, No. 1, 1997.
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Fig. 3 Deformation and erosion model at the grain penetration

with separated cone-shaped diamond grain (8=120-
140°), at the penetration speed of 35 m/s. The said
process was performed at samples of cutting ceramics of
trade marks as follows: B3 (p=4.50 g/cm3, 92 HRA,
a=6-6.1109K), BOK 60 (p = 4.2-4.3g/em>, 92-94 HRA,
a=6-6.2-10% K), and SILINIT R (p=3.8-4 glem’, 94-96
HRA, a=2.7-3.0-10°% K). The inclination of ceramics
samples was 1:200, in relation to the grain motion, in
order to enable the micro-cutting with variable penetra-
tion depth.

The analysis of traces derived from micro-cutting process
using separated diamond grain enabled to put forward
the hypothesis on stages of the scrapings' formation. At
smaller grain penetration speed, there occur plastic de-
formations of the ceramics grain tips, because of the
penetration depth which is above the value of the mean
ceramics grain size. Thus, there exists the overcoming
influence of normal cutting force component, which cau-
ses the pressure state. At the same time, the presence of
the tangential force component leads to the plastic de-
formations of the grain tips, which take the shape of
peelings arranged one above the other, and oriented in
motion's direction. At greater penetration speed, normal
and tangential resistance components grow, which may
cause the ceramics grain destruction (crushing), and furt-
her, it may lead to the occurrence of the thin-dispersion
scrapings (figure 4). The ceramics grains chipping is also
spotted, as the consequence of a position in the structure,
although - in case of grinding process - it may be explai-
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Fig. 4 Stages in the ceramics grain chipping

ned by the irregular geometrical shape of the diamond
grain and by possible process of "ripping”, i.e. "scraping"
of the coupled surfaces of ceramics-diamond grain. The-
re also exists the phenomenon of total ceramics grains'
withdrawal, yet in small extent.

As the consequence of great ceramics brittleness, plastic
deformations are followed by lateral, radial and penetra-
ting cracks. It should be stressed that the micro-cracks
are spotted in case of multistage ceramics materials with
anisotropic heat expansion or anisotropic elastic proper-
ties. The most outstanding is the occurrence of radial
cracks (figure 5), which are, through penetrating speed
and depth, getting bigger up to the critical level, at which
they are gathered together (figure 0).

Then they cause the material withdrawal in form of
blocks, unequal in shape and size. This way of the scra-
pings' formation is the most frequent, therefore these
researches develop for the purpose to find the boundary
penetration depth at the given speed, producing this

Fig. 5 Formation of radial cracks
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Fig. 6 The instant of cracks' gathering
(Silinit R, 3 = 14(°C. Vs = 23 mls,

scrapings' formation mechanism. The results show that,
at the ceramics micro-cutting, B3 boundary penetration
depth varies within 7-9 um, BOK 60 7-12 um, and Sili-
nit R 4-12 wm, regarding the penetration form and
speed. There are few sources regarding limit forces at
which cracks appear. Inasaki [1, 2] has, through experi-
ments, come to the dependence:

.4
CI'K]C

F=—""2 (1)

HV'
Where: a - coefficient which includes shape of
the grain with which the cutting process is
performed;
K. - resistance of matenals against cracks.

Taniguta has come to theoretical and critical loads Fy and
F, at which square and radial cracks appear.
2
g r Ky
Fr=-riey Fp= oo 2
, 2 TV 2

Where: qy, «, - non-dimensional constants
r - grain tip radius.

If we knew critical load of ceramics material, we would
be able to perform grinding without new cracks.

[§)
(8]

4. CONCLUSION

On the basis of the obtained results it may be concluded
as follows:

» Processes derived within the zone of ceramics cutting
have not been cleared enough yet.

» Mechanism of the scrapings' formation includes pro-
cesses of elastic and plastic deformations, scraping,
chipping and withdrawing ceramics grains, as well as
grains crushing which cause the occurrence of disper-
sion scrapings.

» There also exist lateral, radial and penetrating cracks,
which are stretched out under the appropriate angles
with respect to direction of the diamond grain penetra-
tion.

» There is also determined the diamond grain boundary
penetration depth, at which the cracks are gathered,
and therefore scrapings are formed on the samples of
cutting ceramics B3, BOK60 and Silinit R.
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Application of Protective Coating
Against Wear of Soil Treating
Agricultural Machinery Tools

RESEARCH

Specifics of soil tillage require solving of few questions related to realization of agrotechnical demands, decreasing
of energy consumption and increasing of lasting period of usage. This paper gives the analysis of causes and wear
intensity of soil treating agricultural machinery tools at different working conditions. Applying of carbon and alloy
steels of different hardness was considered. Our experiments present the results related to application of metal coating
on the surfaces of soil treating agricultural machinery tools. The experiments showed that hard metal coating on the
cutting edge of tool significantly increase wear and changing of tool geometric form. It shows that applying of this

procedure is justified.
Keywords: metal coating, wear, tools, steel, soil.

1. INTRODUCTION

The soil treatment is one of the most responsible opera-
tion of the agricultural producing process. Some rough
estimations show that this part of the process takes about
40% of all input energy. More economical applications
of the soil treatment machinery can be observed through
development of all tools and working parts. They must
provide high degree of all agricultural demands as well
as the lowering of the pulling force, to provide long
lasting period of usage and to enable lower exploitation
and maintenance costs.

Characteristics of passive tools is a larger surface in
contact with soil, because the soil tillage is being done by
cutting and sliding of soil layer over the working surface.
In active tools, particularly driven, cutting, crumbling
and trowing soil away are done by knife or bolt. Common
characteristics of all tools are wear, dulling of cutting
edge (plowshare, knife, disc, tine) and wear of working
surface (mouldboard, plough body, disc body).

Variety of shape, dimensions, way of soil treating, diffe-
rent working conditions (type and state of soil), shows a
complexity of problem connected with designing and
producing of tools for soil tillage. Wear causes change
the tools constructive parameters, so the substitution of
tools is often necessary after a short working period. Fast
wear of components demands money spent for their
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maintenance, producing of spare parts and effects jams,
decreasing working effects, relatively using period of
agricultural machines.

Coating with metal materials, with a low friction, resi-
stant to wear, should enable tools production of cheaper
low carbon percentage steels.

2. WEAR OF TOOLS

Wear of the working surfaces is the consequence of soil
particles with sharpen edges sliding down the metal.
Quartz particles have the highest hardness and they are
a part of most sandy soils, clay soils have lower hardness
and their wear has a lower intensity. During the sandy
soil tillage, total wear of mouldboard occurs after 50-70
ha and of the plowshare after 10-15 ha, during the loam
tillage wear of mouldboard occurs after 200-500 ha and
wear of the plowshare is very low and change is rarely
needed.

The wear intensity of the surfaces of soil treating agricul-
tural machinery tools, besides numerous influencing fac-
tors, depends a lot on soil humidity. Figure 1. shows
dependence of wear intensity and humidity for different
soil types: 1 - sandy soil; 2 - sandy loam; 3 - light loam; 4
- clay soil. With humidity increasing in determined inter-
val (curve 1 and 2), soil particles adhesion increases, that
causes relative sliding and wear increasing. Further hu-
midity increase reduces adhesion force of soil due to
surface stress decreasing, and causes wear reduction.

Also velocity of soil particles moving over a working
surface has an influence on wear of plough body working
surface. For better interpretation of influence that the
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Figure 1. Relation between wear and humidity

working velocity of plough has on wear, the average
values of plowshare wear in particular points were mea-
sured, figure 2., after the tillage of 4 ha sandy soil with
humidity 6.65-8.5 %. Changing of wear in dependence of
velocity for few chosen points is given on Figure 3. In-
creasing of motion speed from 1.25-3.33 ny/s causes fast
increasing of wear in the points nearer to cutting edge,
and increasing of distance to the plowshare peak causes
gradually decreasing of wear. By the magnitude of wear
increasing, plowshare could be divided into three zones:
I - the front side, II - cutting edge, IIT - the back side.

With the change of plough motion velocity, mouldboard
wear per thickness changes in different points, figure 4.
The investigations showed that, in sandy soil tillage,

v [m/s]

Figure 3. Relation between wear and motion speed
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Figure 4. Zones of wear and measuring points on the moul-

mouldboard has a large wear on the front part in the
zones I and ITI, while the wear is insignificant in zone V.

Nonuniform wear of working surfaces is caused by vario-
us specific pressures on working surface, relatively to
various strains and ways of particle removing. It could be
concluded that where the pressures are the highest the
wear is the biggest, but it's necessary to take into consi-
deration an influence of particle slide velocity. Figure 5.
shows the distribution of specific pressure per vertical
contour lines of plough body working surface, during the
work on clay soil, humidity 12 - 16 %, compression -
penetration resistance 14-16 bar. It is established that the
biggest pressure has the plowshare peak, while on the last
side pressure is lower for 40-50 %.

0.18 bar__

0,25 or
0.0 daf.

0.40 bar.

Figure 5. Distribution of specific pressure per vertical
contour lines

As a result of soil abrasive action on agricultural machi-
nery tools, wear of their cutting edges appears and causes
dulling. It increases pulling force, spoils motion stability
of machine, deteriorates weed curtailing. This causes
deterioration of tillage quality and bigger energy con-
sumption.

3. MATERIALS USED FOR SOIL
TREATING TOOLS

Materials that are used for soil treating tools are mostly
carbon steels with 0.45-0.65 % C, alloy steels with neces-
sary heat treatment or three-layered materials. Contem-
porary heat treatment technology, so-called “isothermal
quenching” and its different variants, are used for heat
treatment of agricultural machinery tools.

Tribology in industry, Volume 19, No. 1, 1997.



Figure 6. shows the dependence between wear of the
alloyed steels of various structures and hardness, compa-
red to the carbon constructive steel C.1530, which the
agricultural machinery tools are often made of, during
the tillage of clay soil with humidity 5-7.3 %. It can be
concluded that with the hardness increasing of heat trea-
ted steels wear decreases. C.1530 steel lowers its wear 5
times when its hardness is increased from 40 to 55 HRC
while alloyed steels lower their wear 2 times, that means
wear is lower for the lower hardness. The investigations
showed that arrangement of wear for different soils is not
same, what shows that hardness is not the only indicator
of wear. Improved resistance to wear of alloyed steels is
caused by the presence of alloying elements: manganese,
nickel, chromium, molybdenum, tungsten and titanium.
Alloying elements influence the steel structure making
ferrite; manganese and silicon are dissolved in feritte and
in that way improve hardness and strength; nickel increa-
ses hardness but doesn't provide lower friction; chromi-
um used in steel in less quantity makes hard carbides
which improve hardness and wear resistance; tungsten
and molybdenum don't have a big influence on hardness
improvement but provide a lower friction.

i
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Figure 6. Relation between wear and hardness

For one-layered mouldboard, steels with 0.47-0.53 % C;
1.2-1.4 % Siand 0.7-0.9 % Mn are used. The mouldboard
of three-layered steel, where the medium layer is made
of mild carbon steel with thickness of 2.3 mm and the
exterior - hard layers with a thickness of 1.8 and 3.5 mm, are
mostly made of alloyed steel with hardness of 46-50 HRc.

4. POSSIBILITY OF FRICTION AND
TOOL WEAR REDUCTION

In order to decrease friction and wear, the investigations
of applying new constructing solutions and new materials
were done. At the construction and production of tools,
often are used solutions with many easy changeable com-
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ponents adapted to the zones of increasing wear. Due to
avoiding fast wear that occured only in limited zones of
mouldboard working surface and need for changing after
a short period of exploitation, mouldboard is made of
two or more parts, applying more qualitative and more
expensive materials resistant to wear for more loaded
parts (front part of mouldboard). Besides, the plowshare
as well the landside and slade are often made of two easy
changeable parts with different characteristics of mate-
rial.

Vibrated plowbodies showed decreasing of needed pul-
ling force during the lower speeds, due to free part of
water enable easier sliding but also a structure damage
and compression of the layer in contact with surface of
plowshare and mouldboard at wet soil tillage.

At the latticed plowbodies, decreasing of mouldboard
working surface up to one-third of whole surface is relea-
sed. Back side of plough body is made of stripes, the
decreasing of pulling force is released by, and made it
easier and more economical to maintain due to possibi-
lity of only particular stripes changing. Parallel measu-
ring of pulling forces for normal and latticed mouldbo-
ard, without a complex analysis, showed that resistance
of pulling on the depth of 26 cm is lower for 8 % and on
the depth bigger than 35 cm is lower for 15 % at the
latticed mouldboard in the investigations on the sward,
with soil humidity of 18.2-19.8 %.

5. APPLICATION OF COATS AND THE
RESULTS OF INVESTIGATIONS

Technologies of coating are begun and developed in last
30 years in different industries, such as: decorative coa-
tings, microelectronics and metallurgic coatings. All of
them use similar technics which, by the time, although
with different approaches to the problems, release com-
mon solutions.

In application of coatings resistant to wear, usually ma-
terial in the shape of wire or silt, that is coated in the
dissolved station, is used. Between the mostly used pro-
cedures, it is needed to mention the following:

* procedure of thermal spraying coating

* procedure of electric arc coating

* procedure of plasma arc coating.

The investigations had a purpose to choose metal coa-
tings most suitable for application at agricultural machi-
nery tools, particularly for the zones of high wear. There

were used 6 different coatings and their data about che-
mical structure and hardness is given in the table 1.
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Table 1.

Table 2.

lc|si|Fe|lc|nNi| B |wel¥
Coat ness

% %L % | % | % | % | % |HRc

N%:1:10.03 (230 |040| - |Rest| 130 - 18
N°2]|035|370|1.70|850 | Rest| 180 - 45
N®310.75|4.30 | 3.50 |15.00| Rest | 3.10| - 62

N°4*1 0.38 | 2.15| 1.75| 7.50 {36.67| 1.55 | 50% | 65
N°510.38|215|1.75|7.50 [36.67| 1.55 | 50% | 65
N°6|0.15| 250 | 250 (10.00| Rest | 250 | - 35

*extra hard

The establishment of wear of soil treating agricultural
machinery tools included cultivator tools - tines. The
operating of tines made of steel C.1741 (8 pieces) and
those ones where on the cutting edges are used the
coatings of various characteristics were examed in wor-
king conditions. Additionally, fusion of coated layers was
done. Alltines are alternatively put on the cultivator. The
cultivator worked on different types of soil. Layer thick
0.1-0.2 mm is coated on the cutting edges of tines in the
stripes wide 15-20 mm, what is shown on figure 7.

Figure 7. Tine with coated edges

By measuring of wear (mass loss) at the tines made of
steel, it is established that wear was 173-277 mg and the
average wear was 224.25 mg per tine, table 2. It is also
established that all tines made of steel have the signifi-
cant wear on the tines cutting edges and outstanding
roundness of tine peak has occurred. This roundness of
tines has a negative influence on the applying quality of
agrotechnical demands and causes fast increasing of pul-
ling force. The tines that have cutting edges with protec-
tive coating No 1 of hardness 18 HRc, have the same wear
noticed as those made of steel C.1741 without protective
coating. When hardness of applied coating is increased,
wear rapidly decreases and on the coating N°® 3 wear is
almost 10 times lower than on those made of steel and
this relation is much bigger if the coating N° 4 is applied.
Low wear of the coating N° 6, although having the low
hardness, could be explained by some lower friction and
consequently by wear decrease.
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Tine| Steel | Hard Tine mass Mass
and. ness loss
coats | wf before the | :after.the
[marg] testing testing
- - HRe kg kg mg
,178* E1741 40 1.2004875%1.1780625*| 224.25*
9| 1 18 12078 | 1.1860 | 218
0] 2 45 | 11640 | 1.1528 | 112
1 3 62 1.2041 1.2108 23
12 | 40) |es(18) | 1.2105 | 1.2069 36
13 4 65 1.2000 1.1988 12
14 4 65 1.2061 1.2046 15
15 5 65 1.2050 1.2013 37
16 6 35 1.1966 1.1956 10

*average values

Good results are reached when wolfram-carbid coatings
are used on the cutting edges of the plowshare and
mouldboard. These layers have the resistance to shock
loading and after the coating they prolong the period of
usage 3-5 times. However, analysis of this coating shows
that when the humidity is low it has the same friction as
those made of steel C.4320, but when the humidity is
higher, its friction increases related to steel C.4320. This
is the reason why the protective layer of Cr-Ni coating,
thick about 250 #m is applied over this coating. Figure 8.
shows the coating of the plough body working surface.
Coated surface, stripe width is 25 mm, is previously shot
blasted and afterwards part of surface, which borders on
the coated stripe, is covered.

Spherical discs have the highest wear in the zones where
the pressure and sliding speed are the highest, so the
coating should be placed on the rim of the disc in the
stripe width 25-30 mm, figure 9.

When the Cr-Ni coating is applied on the cutting edge of
the tine, width 25 mm, it is desirable to apply the heat
treatment of the tine peak.

Figure 8. Coating of the plough body working surface
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Figure 9. Coating of the spherical disc surface

Results of investigations show that coated tines with heat
treatment of peak have the enlarged durability for 20-
30%.

Metal coats resistant to wear can be applied on the knifes
of rotary cultivator, mower knifes, chopper knifes, har-
row teeth, etc., with possible making of these elements
of cheaper low-carbon steels.

On the larger surfaces of soil treating tools where the
wear degree is different on particular segments, as is the
case on the working surface of plough body, it is econo-
mical to apply hard metal coats only on the parts of
surface with the highest degree of wear. This means that
working surfaces of mouldboard and plowshare should

Tribology in industry, Volume 19, No. 1, 1997.

be divided on segments. These segments, where the fast
wear occurs occurred, should be protected with metal
coats. Besides high hardness and wear resistance, metal
coat should have a lower friction due to decreasing of
pulling force. Appliance of metal coatings enables many
advantages related to selection of basic material as well
as to making and selection of different dimensions -
thickness of basic materials and coats.
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An Analysis of Efficiencies
of Planetary Gears

By kinematic combinations of toothed pairs with the external and internal contacts, we can obtain planetary gears
with a considerably improved performance than the corresponding ones with fixed axes, as well as planetary gears
with notably poor performance regarding the efficiency. In connection with this, in the reference literature and papers,
it is almost regularly emphasized that planetary gears, under the same technical conditions have a smaller mass and
a higher degree of efficiency than the ones with fixed axes. One of the aims of the present paper is to check the above
statement and to determine the scope of the gear ratios in which the planetary gears are more suitable than the gears

with fixed axes.

Keywords: planetary gear, efficiency, gear ratio, torque, central gear, satellite.

1. INTRODUCTION

Gear trains in operation are characterized by losses in
the mechanical energy arising as a consequence of fric-
tion between the contact surfaces of the meshing teeth
and the friction in the bearings. The power losses within
the gears are expressed by means of the efficiency, and
depend upon the type of gear train, the bearing, precision
of manufacture, loading, lubrication, etc. With regard to
the growing requirements concerning the economical
consumption of energy, the efficiency represents a very
significant qualitative and quantitative performance of
gears. The paper considers certain variant constructions
of single stage and two-stage planetary gear trains for
which certain efficiencies, as well as the ranges of the
practical applications of gear ratios in which planetary
gears are more suitable than gears with fixed axes.

2. DETERMINATION OF
INSTANTANEOUS EFFICIENCY

In most of the classical works as well asin a great number
of more recent publications in which the efficiency of
gearing was analyzed, some kind of average coefficient
of friction representing the frictional phenomena during
the gear engagement was used. In this paper, however,
the coefficient of friction is treated as a variable factor
during the engagement cycle. It was also assumed that
the frictional losses in gearing are not only due to the
relative sliding velocity of the two surfaces, but also to
the combination of rolling and sliding motion of tooth
surfaces.

Dr BoZidar Rosié, assistant professor
Faculty of Mechanical Engineering, Belgrade
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The instantaneous efficiency is determined according to
the expression:

(1)

where: T; - external torque acting on the driving gear,
Nm.
T, - external torque acting on the the driven
gear, Nm
i - gear ratio.
The overall efficiency for gearing under consideration is
determined according to:

EJ
1
ma= [ ds 2
4

whereby: [ - active length on teeth.

In [4] is given an iterative procedure for determination
of the instantaneous efficiency of a gear pair for both
external and internal gearings. Based upon the models
developed, computer programs for instantaneous effi-
ciency determination were devised. The computer nume-
rical results for determination of the instantaneous effi-
ciency of a gear pairwith internal gearing are shown in Fig. 1.

The intensity of friction is determined according to:
Fix=n&)F, (3)
where:

L4 (x)=0.0127-log } - coefficient of friction.

ﬂ'vs"’gz

7/

where vy - sliding velocity, m/s.
vg - rolling velocity, m/s.
7 - fluid dynamic viscosity, Ns/m?.
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Fig. 1. Variations of instantaneous values of the efficiencies
for the couple under consideration during
the contact period

The intensity of the rolling friction is determined accor-
ding to:

Fg(x) = C-h(x)b (4)

where: b - width of gear, m.

p 5 R0.43
h(x) = 1.6a” ~(77-VR)0‘ EO.OMFE - the equ-

ation for minimum film thickness is due
to Dowson and Higginson [1].
a - Viscosity-pressure coefficient of lubricant,
2
m“/N.
R - Effective radius of curvature, m.
E - Young modulus of gear material, N/m?

On the basis of the models developed for a gear pair with
external and internal gearing, the efficiency of a planeta-
Iy gear train can be determined.

3. THE SINGLE STAGE PLANETARY
GEAR TRAIN

Before approaching the determination of the planetary
gear train efficiency, it is, first of all, necessary to identify
the driving and the driven members of the planetary gear.
Specifically, for the given gear, the central gear is the
driving, and the satellite is the driven member. The total
power through the planetary gear train is carried partly
by conjugating the gear sets, and partly by coupling. The
conjugating power, i.e., the relative power, is represented
by the product of the torque and the relative angular
velocity of the member under consideration:

Pra=Tg 0,=T, (0-0p) (5)

where: T, - torque acting on the pinion, Nm.
w, - Absolute angular velocity of the central
gear, rad/s.
w,, - relative angular velocity
wyy - angular velocity of the satellite carrier,
rad/s.
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The coupling power can be defined as the product of the
torque and the angular velocity of the transmission, i.e.,
the angular velocity of the satellite carrier:

Poy=T, oy (6)

Accordingly, the absolute power of the central gear of
the planetary gear train equals to the sum of the conju-
gating power and the coupling power. For an analysis of
the efficiency of a planetary gear train, it is necessary to
know the ratio between the relative power and the abso-
lute power of the central gear, which may be written in
the following form:

P @
@, = " Ha _ ] — H_ ] - ] (7)
P w b
a a UaH

Fig. 2 represents the value of ¢, as function of the
absolute gear ratio, which has the form of a hyperbole
with the horizontal asymptote ¢, = 1.

T

m;TIITn
¢ 2 4 6 & D ” % B

Ao geer retio

Fig. 2. The ratio of the coupling and the absolute power
in the function of the absolute gear ratio

Based upon the results from Fig.2, it can be concluded
that value ¢, increases with the increase of the absolute
gear ratio and asymptotically approaches the real
¢, = 1. For a the total power in the gear is transferred
with the conjugation of the gear sets, the same as in the
gears with fixed axes. For the absolute gear ratios higher
than 10, value ¢, ranges between 0.9 and 1, which means
that the power is carried through the gear mainly by the
conjugation of the gear sets. Thus, the practical values of
the absolute gear ratios for the single stage planetary
gears can be found in the range of ¢, (0.5, 0.9).

4. THE TWO-STAGE PLANETARY GEAR
TRAIN

Fig. 3 represents a kinematic sketch of a two-stage pla-
netary gear with one external and one internal contact.
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The absolute efficiency for this type of gear is determined
according to the following expression:

H H
b 1- Ugh’ Nab
phpg= e et (8)
I—ug,
H %%

where: /] = u{,? ug, — - relative gear ratio

Z, zf
uﬁé - relative first stage gear ratio

uf"{, - relative second stage gear ratio,

Z,, z¢ - number of the corresponding teeth,

T]Z,=sz~ qﬁ, - relative efficiency

N

Fig.3. A kinematic sketch of a two-stage planetary gear train

Commencing with the expression establishing the rela-
tionship between the absolute and the relative gear ratio:

=1 -uoy (9)

and after having substituted the expression for uabH in
the above equation, the expression for the absolute gear
ratio is obtained:

b za-zf+zg-b
o= (10

The functional interdependence of the absolute efficien-
cy upon the absolute gear ratio is shown in Fig. 4. In
addition to that, the same graph shows the relative effi-
ciency which is constant, and for the gear given, it
amounts to 0.9604.

Based upon Fig. 4, it can be concluded that the absolute
efficiency decreases with the increase of the gear ratio,
as well as that it is higher than the efficiency of a two-sta-
ge gear with fixed axes. Keeping in mind the fact that the
efficiency of the two-stage planetary gear decreases with
the increase of the absolute gear ratio, it is necessary to
consider the product of the efficiency and the gear ratio,
which represents the relationship of the torques at the
inlet and the outlet shafts of the planetary gear train

(Fig.5).
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Fig. 4. The graph showing the absolute efficiency
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Fig. 5. The relationship between the torques as the function
of the number of the teeth

It can be seen in Fig. 5 that the relationship of the torques
increases with the increase of the number of teeth in the
satellite, and decreases with the increase of the number
of the teeth in the central gear, so that it makes sense to
apply this construction of the planetary gear train for
reducing the frequency of rotation, i.e., the increase of
the torque. The next construction of the two-stage pla-
netary gear has been performed with two gears with the
internal toothing. The satellite carrier, connected to the
inlet shaft, the first central gear with the internal toothing
is connected to the outlet shaft, while the second central
gear with the internal contact is stationary (Fig. 6).

N '
4

A

—

Fig. 6. A kinematic sketch of a two-stage planetary gear train
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Fig. 7 and Fig. 8 show the absolute gear ratio and the
efficiency of the planetary gear train as a function of the
number of teeth of the satellite for definite values of the
number of teeth of the central gear respectively.

s
=

" B B Py 2 p

Fig. 7. The absolute gear ratio as a function of the number
of teeth in the satellite
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Fig. 8 The efficiency in the function of the number
of teeth in the satellite
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By this construction of the planetary gear relatively low
values of the gear ratio, as well as of the efficiency of the
gear are obtained. It should particularly be pointed out
that the efficiency and the gear ratio are mutually oppo-
site, which means that this gear also gives low values of
the ratios of the corresponding torques. Therefore, it
malces sense to use this type of the planetary gear only
as a "kinematic” gear, i.e., for the speed transformation.

5. CONCLUSION

In accordance with the analyses described above, it can
be concluded that only those types of planetary gear
trains should be used that give better performance as
compared to the fixed axis gear trains, and they are:

» planetary gear trains with one series of satellites - sin-
gle-stage,

» the two-stage planetary gear train with one external
and one internal toothing, when the central gear with
the external toothing is mounted upon the inlet shaft,
and the satellite carried connected to the outlet shaft
at the stationary central internal gear.
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z An Analysis of The Effects

s of The Lubricating Grease Type

i and The Rotational Speed Upon

Operating Temperature In Sealed
Roller Bearings

The working life of roller bearings is dependent on a number of factors: these include load, type and quantity of
lubricant, contamination of lubricant and operating temperature. Roller bearings are usually lubricated with grease.
Often they are hermetically sealed. As well as the quantity of lubricant, the type of lubricant and the rotational speed
are very important factors. This paper presents an analysis of the effects of the type of lubricating grease and rotational
speed on sealed roller bearings.

The research was performed under controlled conditions. The experiments were all carried out on bearings of the
same type, 6204, with approximateljv the same degree of radial play. Testing was performed across a range of rotational
speeds from 2 500 to 10 000 min™. This corresponds to a range of surface velocities (dspn) = (0.08 ... 0.325)-1 0°
mm min! For all tests, a load equivalent to 10,000 hours of life was used. The quantity of lubricant was also constant
throughout the testing procedure at 20% of the free volume in the bearing. Each test was performed throughout the
range of speeds until the operating temperature was stabilised, that is until thermal equilibrium was achieved within
the bearing housing.

The results of this analysis will be of assistance to designers in the selection of an appropriate lubricant for bearings,
depending on the rotational speed.

Keywords: Roller bearing, lubrication, type of lubricant.

1. INTRODUCTION

The reliability and working life of roiler bearings depend
on many different factors. One of the most common
causes of failure in roller bearings is an inappropriate
choice of lubricant [1]. For this reason, manufacturers of
bearings pay particular attention to this problem.

More than 80% of all bearing types are grease-lubricated
[4], and these are often sealed rolling bearings which
require no special maintenance. In these bearings, the
nominal working life is crucially dependent on efficient
sealing and lubrication. Appropriate lubrication here
includes the proper choice of type and quantity of lubri-
cant for the operating conditions within the housing of
the bearing.

There is little published data on the behaviour of various
types of lubricating greases at different bearing speeds.
Manufacturer's catalogues give only the maximum per-
missible rates for individual types and sizes of bearings,
without reference to the type of lubricant.

Dr Radivoje Mitrovic, Junior Professor
Mechanical Engineering Faculty, University of Belgrade
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This paper gives the results of comparative testing of
operating temperatures for seven different types of lu-
bricant produced by different manufacturers, identified
here as A, B, C, D, E, G, and H [2].

2. TEST EQUIPMENT AND TESTING
PROCEDURE

2.1 Test equipment

An apparatus for determining the limits of roling bearing
rates of revolution was used for testing. A diagram of the
main elements of the apparatus is shown in Figure 1.

The apparatus enables the simultaneous testing of four
bearings. The loading principle is shown in Figure 2.
Construction details may be found in [2] and [3].

The basic measurements were taken on type 6204 bea-
rings from two different manufacturers. The principal
data on the bearings are shown in Table 1.

The geometry of the bearings was measured precisely
before assembling the components. Bearings of similar
performance characteristics were chosen for testing to
minimise any affect on the test results of differences in
the internal geometry of the bearings.

Tribology in industry, Volume 19, No. 1, 1997.



Table 1. Principal data on bearings under test

A - Spindle with bearings under test and
measuring instruments

B - Variable speed electric motor

C - Thyristor speed regulator

D - Hydraulic loading coupler

E - Control unit

Figure 1. Layout of testing-apparatus principle components

2.2 Test Procedure

The test apparatus is preheated before the commence-
ment of testing. The time needed for this is used to check
controls and instrumentation.

All testing is carried out at a constant radial loading of
F, = 600N, which corresponds to the nominal life of the
type 6204 bearing, 10 000 hours. The bearing speed is
changed in the course of the testing. The initial value was
0.20 ny, where ny is the maximum permissible speed

Dimensions Load rating - | Nominal speed;| :: Material = -
» : ; < e EuEete era e
Manufacturer d D B Di Nt 2 : 0 K .

mint | rings | kage

mm kN — -
’ grease| . il
A 4.1+002514 05+0.0¢| 125 | 60 | 15000 | 17000

- 20 47 14 7.938 G4146 | steel
B 4,13*04 | 413*04 | g3 6.2 | 14000 | 18000

2-Fr

Fr Fr

Figure 2. Diagram of loading applied to bearings under test

quoted in the manufacturer's literature. Bearing was
running until thermal equilibrium reached. The speed is
then increased so that the temperature increment is not
excessively large. The rate of temperature changes as a
function of speed for one type of lubricant is shown in
Figure 3. The maximum and minimum temperatures of
the sample bearings under test are given in the diagram.
After each speed increment, the temperature first rises,
and then falls until it stabilises. The time required to
reach a stable temperature is longer at higher rates of
revolution. Testing was completed when the operating
temperature exceeds the temperature limit. The limit
used was 100°C upon which both the bearing and the

Bearing Speed; min’
" I B . TR fm& ol 1 /‘tm
80 ‘ B
G 7 i 3
- Lo ga Bl
et
2 W |
% i
1 | :
Lot : R LR P T H R
Runkig Thue, wiln
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Figure 3. Changes in bearing temperature vs. bearing speed

33




lubricant exhibit reliable operation. Temperature, speed
and load are controlled throughout the test procedure
on each of the four bearings under test.

Table 2. Principal properties of lubricants

The bearings were lubricated with various types of lithi-
um grease, with properties which meet the appropriate
standards. The principal properties of these lubricants
are given in Table 2.

LUBRICANT
A B c | D E G H
NGLI consistency 2 2 2 2 2
Penetration, 0.1 mm 265-295 265-295 270-290 265-295 265-295 265-295 270-290
Pour:point 190 190 180 180-185 180 180185 180
Operating temperature 3510125 | -40t0 140 | -35t0 135 | -35t0 100 | -30t0 110 | -35t0 100 | -35t0 135

3. ANALYSIS OF TEST RESULTS

3.1 Effects of the bearing internal geometry

Figure 4a shows a diagram of temperature change as a
function of bearing speed for the sample of bearings
using lubricant B. The ordinates show the difference
between the absolute temperature of the bearing and the
temperature of the environment in order to eliminate the
effect of ambient temperature in the consideration of the
results. The figure indicates that, with the test device
being cooled only by natural convection, the lubricant
can be used up to 8 000 rpm. At rates above this, the
temperature of the bearing exceeds the operating limit.

Figure 4b is a diagram of temperature change as a
function of bearing speed for the same sample of bea-
rings using the same lubricant in a repeated test. It should
be borne in mind that at higher speeds, part of the
volume of lubricant is expelled from the working zone of
the bearing. Thus the diagrams in Figure 4a and 4b are
very similar but not identical.

In order to demonstrate the effects of the internal geo-
metry of the bearings on the test results, tests were
performed on the bearings of another manufacturer (B),

using the same quantity and type of lubricant. The results
of these are shown in Figures 4c and 4d. Figure 4c
indicates that the difference between bearings of manu-
facturer A and B becomes significant only at speeds over
7 000 rpm., which could be a result of a greater loss of
lubricant in the working zone of the bearing, or some
other incidental cause. The character of the temperature
change as a function of rotational speed is almost iden-
tical in the repeated test to that recorded in the test
performed on the bearings of the manufacturer A.

As the internal geometry of the bearing is determined by
each manufacturer and, on this occasion, it was impossi-
ble to dismantle the bearing of manufacturer B without
destroying the raceway, it was not possible to measure
the geometry of the bearing elements. On the basis of
these results it can be asserted that:

a) Either the internal geometry of the bearing at appro-
ximately equal values of radial play (tolerance of
1 mm) does not significantly influence the tempera-
ture of the bearing as a function of the rate of revo-
lution, or

b) the internal geometries of the bearings produced by
manufacturer A and manufacturer B are very simi-
lar, giving closely similar and analogous test results.

Lv Av
a) °C b) °C
80 80+
501 50+
40 1 40+
\
Lubricant B, Quantity 20% 4 . . .
207 B:a;i‘;;:llm‘olu;n;n{: 0% 20 Lubricant B, Quantity 20%
Load F, = 600N Bearings IKL 1,2, 3,4
T P =
Procedure N 14 Load F. = 600 N
Procedure N° 15
2 4 6 g 10 2 . M g 0%
min! mint
Figures 4a - 4b. Changes in bearing operating temperature vs. speed
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c) oC
8() -+
50
40 T
w4 Lubricant B, Quantity 20%
Bearings ZKL 50, 54, 56, 60
Load F, = 600N
Procedure N° 16
2 4 6 g
min-1

Av
d °c
) 80+
507
40+
204 Lubricant B, Quantity 20%
Bearings ZKL 50, 54, 56, 60
Load F, = 600 N
Procedure N° 17
2 4 6 g 10n :
min

Figures 4c - 4d. Changes in bearing operating temperature vs. speed

3.2 Effect of type of lubricant

Figure 5a shows the test results for lubricant C, and
Figure 5b shows the test results for lubricant D. In both
cases, under given operating conditions, the lubricants
could be used for speeds up to 10,000 rpm. This is
approximately 25% better than the performance of lu-
bricant B. The character of the temperature change as a
function of rotational speed is similar in both cases.

Figure 5c is a diagram of temperature change as a
function of bearing speed for lubricant A, which is inten-
ded primarily as an automotive lubricant. The results
show that the maximum rate of revolution under test
conditions was 9 000 rpm. This is a somewhat better result
than that of lubricant B.

Figure 5d gives test results for lubricant E. The perfor-
mance of this lubricant is significantly inferior to that of
lubricants B, C and D.

The test results for lubricant G and lubricant H are given
in Figures 5g and 5h respectively. According to these,
lubricant G can be used at up to 9 000 rpm. Testing on
lubricant H continued up to 0 000 rpm. The actual limit

of this lubricant may be even higher, as testing was
discontinued at this point for technical reasons.

Based on the results given above, certain conclusions can
be drawn about the relationship between the given types
of lubricants and the conditions under which the bearings
were tested. In order to posit a more general theory
about the behaviour of various types of lubricants at
various rates of revolution, it would be necessary to
undertake further research along these lines. The results
presented in this paper represent a basis for the conside-
ration of these issues and for planning further experi-
mental research.

The relationship of the mean value of the stable tempe-
rature to the dn parameter, for various types of lubricant
is shown in Figure 6.

As the criterion for deciding on the choice of lubricant,
this paper adopts the temperature of 80°C because at this
temperature the maximum life of the lubricant is achie-
ved. On the basis of these test results, the designer of the
bearing is able to choose the appropriate lubricant for
the rate of revolution, while also taking into considera-
tion other relevant factors for the correct and reliable
work of the bearings, in other word the bearing assembly.

) b) Ay

oc oC

80 80

504 A 50

40 404

0+ Lubncant C, Quantity 20% mn+ Lubricant D, Quantity 20%
Bearings IKL 1, 2,3. 4 g:amggs 1KL 1,2,3,4
Load F_ = 600N oad F, = 600N
Procedure N° 18 Procedure N° 19

z 4 6 8 1 10 2 4 6 8 10 10n
min’ min

Figures 5a - 5b. Changes in the bearing operating temperature vs. speed
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20 Tubricant A, Quantity 20% 20 4 l,ubr_ican( E, Quantity 20%
Bearings TKL 1, 2,3, 4 Bearings IKL 1, 2,3, 4
Load F, = 600N Load F, = 600 N
Procedure N° 20 Procedure N° 21
2 4 6 8 10 10 2 4 6 8 w1
min”} min
) Ay
9 <
80 1 ) 80 -
50 50
o7 40 1
2 Tubricant G, Quantity 20% 204 Tubricant H, Quantity 20%
Bearings TKL 1, 2,3, 4 Bearings IKL 1,2,3,4
Load F, = A0 N Load Fp = 600N
Procedure N 22 Procedure N° 26
T 1 + + + T
2 4 6 8 w A0n 2 4 s 8 o 10
min’ min-t
Figures 5c - 5h. Changes in the bearing operating temperature vs. speed

The operating temperature and the effective working life
of both lubricant and bearing are greatly affected by the
type of synthetic lubricant (grease) with which the bea-
ring is packed.

The experimental research described here establishes
that there is a relationship between operating tempera-
ture and rotational speed for various types of lubricants,
when other parameters are approximately constant. Ba-
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Figure 6. Bearing mean temperature vs dn parameter,
for various lubricants
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sed on the relationships thus established, the bearing
designer is able to make an informed choice as to the type
of lubricant to be used. Other factors which are impor-
tant for the proper and reliable functioning of the bea-
ring must also be taken into account.

In order to develop a general theory about the influence
of various types of lubricants on the operating tempera-
ture of the bearings, in other words on the working life
of the lubricant and the bearing, at various speeds, it
would be necessary to consider other factors which influ-
ence this, such as quality of lubricant and loading. The
results given in this paper represent a contribution to this
area and a basis for further research.
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