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ABSTRACT
Asperity friction is a main indicator for wear and heat conduction [1]. It
occurs when thickness of oil film shrinks due to high load or slow speed.
Friction is scientifically well known as long as it is dominated by laminar
oil film effects. If film thickness shrinks, the friction coefficient depends
mainly on surface properties. This inaccuracy is normally preceded in
simulation by using friction coefficients defined by Coulomb’s law [2].
To improve simulation results, the simulated friction moment was
compared to measurement on a component test rig. Friction moment is
produced on every square millimetre of the bearing surface, but can only
be measured as an integral. Research findings show that measured results
can’t be met by using one global dry friction coefficient for the whole
bearing surface, even though it is material dependent.
By introducing locally resolved and asperity pressure dependent dry
friction coefficients, it was possible to adapt the simulated friction
moment to measure one with a deviation of less than 5 percent. By means
of simulation it was possible to develop locally resolved results based on
integral measurements; and improve modelling the frictional state of
mixed lubrication.
© 2015 Published by Faculty of Engineering

1. INTRODUCTION
Improvement of simulation technology in
regions of a tribological system where asperity
contact appears is the aim of this article. This
state is called boundary lubrication and was
introduced by Hardy in 1920s [3]. Therefore a
very elementary test bench was built up to
measure the friction moment of two plain
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bearings. The simulation represents this test
bench with its stiffness, the constant acting
force, surface characteristics and material
properties. Further the oil flow is calculated by
elasto-hydrodynamic lubrication EHL what
improves results shown by Gulzar [4]. The
surface characteristics of the plain bearings
were measured with a confocal microscope and
introduced into the simulation model.
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By comparing the measured friction moments
with simulated ones, the integral friction
coefficients of both systems were matched with
an accuracy of better than 5 %. The local friction
coefficient depends mainly on the asperity
contact pressure and is calculated for every
mesh grid in the simulation model.

3. PLAIN BEARING TEST BENCH

2. STRATEGY

Figure 1 shows a sectional view of the
component test bench used for this research. A
constant force of 2.6 kN presses against the
shaft. This is realised with a roller cam follower
to minimise its friction on the shaft, which would
falsify the measurement results. The shaft is
rotated by an electrical engine with rotational
speeds between 1 and 1500 RPM. The bearing
shells are placed symmetrically to the force and
mounted in hydrostatic bearings. Between shaft
and shell occurs friction which acts on the
bedding, where the shell is fixed. Due to the
friction moment, the bedding would rotate, what
is prevented by load cells which measure this
moment. The moment cannot be transmitted to
the base due to the hydrostatic bearing which is
nearly frictionless if no rotation appears. The
rotational degree of freedom of the bedding is
locked by the two load cells.

To calibrate simulation results and reach new
knowledge about any kind of system, one of the
best ways is to compare it with measurement
results. For building up knowledge it is not
expedient to do this at one of the most complex
systems like a series internal combustion engine
ICE. If the system is quite complex, there can be
interactions between measured sizes which
can’t be split up into single effects. Further, there
is often no possibility to simulate these
interactions within an acceptable time and
accuracy. Instead, it makes sense to build up an
elementary component test bench and transfer
the results to more complex systems.
The design criteria for the test bench used for
this research is to produce a similar frictional
state in the plain bearings as it appears in an ICE,
even though there act much higher forces. The
feasibility of this aim is based on the theory
developed by Stribeck [5] and Sommerfeld [6]
who defined the dimensionless characteristic
number:
𝐹 ∗𝜓²

𝑅
𝑆𝑜 = 𝑤∗𝑑∗𝜂∗𝜔

3.1 Description
The test bench was built up to determine highly
accurate measurement results of friction
moment and friction coefficients for different
bearing shell materials and surfaces.

(1)

known as Sommerfeld number today. His theory
claims that bearings with the same number
share the same frictional state, even if they are
very different in aspects of load, nominal
clearance, bearing geometry, speed and oil
viscosity.
To adjust the same Sommerfeld number at the
test bench as it appears in an ICE, the boundary
conditions defined in (1) have to be adapted
accordingly. The radial force at the test bench is
much lower than in an ICE, what can be
compensated by a larger radial bearing
clearance, a lower oil temperature and a lower
angular velocity.

Fig. 1. Sectional view of plain bearing test bench.

To ensure that the plain bearings get enough oil,
the supply is realised by bores with a diameter
of 6 mm in the lower part. Used is a SAE 5W-30
oil and the measurements are made at a
temperature of 85 degree Celsius. The oil supply
pressure is set to 3.4 bar.
The researched shell is an aluminium alloy
bearing with a steel backing. For the aluminium
bearing layer the material properties are well
known which is later important for the
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simulation. For all studies, the same shaft made
of steel was used.
3.2 Measurement Results
In order to examine the regions with high
asperity contact pressure, extremely low
rotational speeds have to be measured. This is
realised by coast down and run-up experiments
between 0 and 1500 RPM. To reach surface
topographies comparable to those in an ICE, the
rotational speed was kept at 20 RPM for a longer
time to abrade the bearing shell. During the
whole tests, the friction moment, temperatures
at five positions, oil volume flow and rotational
speed are measured. With these results a
comparison to simulation can be performed.
To prove the influences of shaft wear and
reconstructions because of changing the bearing
shell, a reproducibility test was made. Two kinds
of bearing shells were measured at the
beginning and at the end of the experiment
schedule, with the results shown in Fig. 2.

identical at rotational speeds higher than
100 RPM. This clearly illustrates that at higher
speeds from this point on, the surface and
material of the shell has no significant influence.
Here the oil film is thick enough and
hydrodynamic effects dominate this system.
The reproducibility is very good and proofs
reliable measurement results. The influence of
the bearing shell materials, their surfaces and
the running-in effects are clearly represented
and eligible to calibrate simulation parameters.
4. SIMULATION
4.1 Approximation of surface topography
The surface topographies of the bearing shells
and the shaft influence the oil flow between the
summits and the appearing asperity contact
pressure, which themselves are important to
identify areas with mixed friction.
Simulation tools can only handle numerical
solvable equations. Due to this reason, the real
surface topographies have to be transformed
and simplified.
A refined model with one of the best known
approximations invented by Greenwood and
Tripp, was chosen in this case to get as realistic
results
as
possible
[7,8].
With
this
approximation the asperity contact pressure and
the regions where it appears can be calculated,
subject to the surface roughness follows a
Gaussian distribution curve, as is the case.

Fig. 2. Reproducibility of measurement results.

For both bearing shells, there are only minimal
deviations between the friction coefficients
inferred from friction moment at the beginning
and at the end of the experiment schedule. This
verifies a high reproducibility. On the other
hand, the difference between the friction
coefficients of bearing shell 1 and bearing shell 2
can clearly be seen in the mixed friction range.
Consequently the measurement accuracy and
the ability to measure the influence of shell
surfaces and its material is proved.
Furthermore this study shows that the friction
coefficients for these two bearing shells are
188

For the oil flow between shaft and shell the Patir
and Cheng model was chosen [9,10]. Oil flow
factors are determined to adjust Reynold’s
equation for radial and axial oil flow depending
on the surface topography and its orientation
with this model [11].
The bearing shells and the shaft surfaces are
measured by a confocal white light microscope
with a resolution of 1.6 micron per pixel. The
measured area is 800 times 800 micron, and 9
pictures are put together by stitching yielding a
surface area of 4 square millimetres. The
Greenwood and Tripp formula to calculate
asperity contact pressure [7] contains a lot of
variables like summit radius, summit density
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and mean summit height, but all of them can be
calculated based on the three dimensional
measured real surfaces.
𝑃𝐴𝑠𝑝𝑒𝑟𝑖𝑡𝑦 =

nominal clearance value of 35 microns are the
same.

16
∗ √2 ∗ 𝜋 ∗ 𝐸 ′ ∗ 𝛽1,5 ∗
15
𝑑

∗ 𝜂 2 ∗ 𝜎 2,5 ∗ 𝐹5 ∗ 𝜎

(2)

2

This makes the approximation exact enough to get
realistic asperity contact pressure and oil flows.
4.2 Model
The tool chosen for this project is ExciteTM
Power Unit from AVL List GmbH as it supports
elasto hydrodynamic (EHD) joint simulation, the
effect of temperature on oil viscosity and its
influence on the asperity contact. The EHD
simulation is necessary to consider the elastic
deformation of the shaft and the bearing shell
[12] which improves the simulation results
especially in the observed area of asperity
contact. Thanks to the simple test bench, there
are only few components in simulation model.
This is important in order to get as few variables
as possible and allows fast comprehensive
parameter studies as of simulation times are
shorter than two hours.
The component test bench housing and the shaft
are represented by FEM models with their
stiffness and geometry. The bearings can be
modelled by a center-to-surface (CTS) or
surface-to-surface (STS) contact. For CTS the
shafts stiffness is reduced to 7 nodes per bearing
in the rotation axis, for STS every surface node in
this area is kept, what rises simulation time from
2 to 20 hours. The results generated with STS
didn’t show any significant improvement in
comparison to CTS, so the shorter simulation
time was chosen.
4.3 Results
The theory from Sommerfeld was assumed to be
correct. To control this, the boundary conditions
which influence the Sommerfeld number are
examined. The radial force, the dynamic oil
viscosity, the velocity and the bearing
dimensions are constant in this system.
Therefore the clearance has to be constant too,
otherwise the Sommerfeld number is not valid
for the whole bearing surface, but only for this
part of the bearing where the real and the

Fig. 3. Radial clearance under load at 10 RPM.

To proof this, the first simulation results shown
in Fig. 3 are analysed. The clearance is not
constant at every point of the shell, what makes
us doubt this theory. What was not considered
by Sommerfeld when he developed this theory is
the shaft’s deflection. Even with the low radial
force of 2600 Newton acting at this test bench
the shaft can’t be assumed as rigid. Caused by its
deflection, the shaft is pressed against the shell
in the area around 180 degree bearing angle. In
these regions the clearance goes closely to zero,
whereas the maximum from 0 to 90 and 270 to
360 degree is more than 80 microns. Therefore
the Sommerfeld number has to be a function
dependent on the bearing width position.
The aim to hit every frictional state that appears
in an ICE at the test bench, what was argued by
Sommerfelds theory, has to be questioned. But if
the bearing surface is split up in many small
parts, the Sommerfeld number is applicable for
each of these slices.
Further analysed was the friction coefficient
determined in simulation which approximately
should look like the curve shown in Fig. 2. To
illustrate the disparity, measurement and
simulation results are compared in Fig. 4.
Obviously the simulation does not correspond to
the measurement, even though the asperity
pressure, ratio and oil flow are calculated by
using the values gained from three dimensional
measured surfaces. The dry friction coefficient
first entered was 0.03. To coincide with
measurement it is too small for low rotational
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speed and too high for more than 30 RPM.
Changing the constant friction coefficient to 0.01
or 0.05 only moves the curve parallel and
doesn’t improve simulation results. Nevertheless
it is retained to the assumption that the results
from Greenwood and Tripp and Patir and Cheng
are realistic. Assuming that the main source of
error is the entered dry friction coefficient, this
magnitude is closely investigated.

Fig. 4. Friction coefficients measurement and simulation.

During further investigations it was observed,
that the simulation tool calculates with the
entered dry friction coefficient at every node

asperity contact pressure appears. No matter if
it is just 1 Pascal or 100 Megapascal, the friction
coefficient is always the same as can be seen in
Fig. 5. This approach obviously does not lead to
realistic simulation results.
The idea which resolves this dilemma is
depicted in Fig. 6. The asperity contact pressure
behaves qualitatively like the clearance height
shown in Fig. 3. In the area the shaft deflects,
edge girder occurs and the asperity contact
pressure rises. As illustrated in Fig. 6, for this
test bench the contact occurs in the region of
180 degree bearing angle and bearing width of
16.6 millimetres. For this area, much higher dry
friction coefficient than the constant one of 0.03
has to be defined. In contrast 0.03 is too big in
transition areas of lower asperity pressure.
To proof this approach and analyse the exact
distribution of locally dissolved friction
coefficients, the variable parameters to calculate
them are varied until the simulated and
measured friction moment fit together.

Fig. 5. Asperity contact pressure and constant friction coefficient.

Fig. 6. Idea of locally dissolved friction coefficient.
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5. COMPARISON: MEASUREMENT WITH
SIMULATION

A factor ‘H’ is introduced to enable the function
to reach higher maximum friction coefficients,
and the constant ‘A’ was replaced by Euler’s
number to form an exponential function:

5.1 Function to calculate a local asperity
friction coefficient

𝜇𝑙𝑜𝑐𝑎𝑙 = H ∗ 𝜇0 ∗ 𝑒 −√𝐵∗𝐿𝑁 +

The one measured friction coefficient per
operating point is a midpoint over the whole
surface. It locally varies in a very large range as
there are regions where pure hydrodynamic
appears and some with mainly asperity contact.
The reason is the elastic deformation of the
shaft. In a specific bearing shell at a constant
rotational speed with a constant force, nearly
every point on the Stribeck curve is represented.
In areas with high asperity contact pressure the
mixed lubrication part of the curve is met, on
those without asperity contact pressure the
hydrodynamic one is met.
Simulation results gained by using a constant
friction coefficient fail to describe the measured
friction, as can be seen in Fig. 4. To improve
simulation, a numerical solvable equation which
defines friction coefficients dependent from
asperity contact pressure has to be defined.
A suitable function was found within AVL Excite
called “Lubricated asperity friction and wear”
LAFW [13]:

𝜇𝐿𝐴𝐹𝑊 = 𝜇0 ∗ 𝐴−√𝐵∗𝐿𝑁 + 𝐶 ∗ 𝑟𝐶 ∗ 𝐿𝑁 ∗
∗ (1 − 𝐴

−√𝐵∗𝐿𝑁

)

(3)

This equation defines local friction coefficients
dependent on the parameters A, B, C and
physical properties merged in LN.
This function is implemented in a manner that it
influences the calculation of friction moment
and power losses only where asperity contact
appears. In regions of pure hydrodynamic the
Reynolds equation is not influenced by this. The
first term of the sum represents the friction
coefficient for summits in contact. The second
term represents the lubricant flow between the
summits.
Observing measurement results, µ 0 was chosen
equal to the maximum value of the measured
Stribeck curve, in this case 0.16. The aim to
represent measured values did not work very
well with this parameterisation as shown in
Fig. 7.

+𝐶 ∗ 𝑟𝐶 ∗ 𝐿𝑁 ∗ (1 − 𝑒 −√𝐵∗𝐿𝑁 )

(4)

An optimized match between measurement and
simulation, shown in Fig. 7, was obtained for a
value of 14 for ‘H’. This can be interpreted as a
local
maximum
friction
coefficient
of
14 * 0.16 = 2.24.

Fig. 7. Comparison of integral friction coefficients.

The product of H*µ0 is the friction coefficient
which would appear in the theoretical case, that
the whole bearing shell runs in uniform asperity
contact with an asperity contact ratio of rc =1. In
this case, there is no hydrodynamic pressure
neither oil flow between the summits at all.
Consequently the second term in (4) disappears.
The parameters B and C depend on the shell
material and surface. The process to define them
is explained in the next chapter.
The Lubrication number, shortened with LN in
this function is a normalised index like the
Sommerfeld number used to characterise a local
friction state:

𝐿𝑁 = 𝑃

𝜂∗∆𝑣
𝐴𝑠𝑝 ∗𝐿𝑆

(5)

Included in this formula are, apart from the
asperity contact pressure, the dynamic viscosity
of the oil, the speed difference between the shaft
and the shell and a characteristic length which
depends on the surface topography.
5.2 Adjustion of parameters with
measurement results
The main aim of the optimisation process is to
split up the integrated, measured friction
191
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moment into local friction coefficients. For this
the measured friction moment is compared to
the simulated, because one main influence on
this value is the friction coefficient:

𝑀𝑅,𝑀𝑒𝑎𝑠𝑢𝑟𝑒𝑚𝑒𝑛𝑡 ≝ 𝑀𝑅,𝑆𝑖𝑚𝑢𝑙𝑎𝑡𝑖𝑜𝑛 =
= 𝑟𝐵𝑒𝑎𝑟𝑖𝑛𝑔∗∫𝑥 ∫𝑦(𝜏 (x,y)+𝜏𝐴𝑠𝑝 (𝑥,𝑦))𝛿𝑦𝛿𝑥
0 0

𝐻𝑦𝑑

(6)

5.3 Results for local asperity friction coefficient

𝜏𝐴𝑠𝑝 (𝑥, 𝑦) = 𝑃𝐴𝑠𝑝,𝑆𝑖𝑚𝑢𝑙𝑎𝑡𝑖𝑜𝑛 (𝑥, 𝑦) ∗
∗ 𝜇𝑙𝑜𝑐𝑎𝑙 (𝑥, 𝑦)

The parameters H, B and C of the function to
calculate µlocal were optimised with MatlabTM to
match the measurement results at every
rotational speed. Used was a optimisation
algorithm that minimizes the mistake to a
minimal root square [15].

(7)

The friction moment is calculated in simulation
by multiplying bearing radius with the integral
of hydrodynamic and asperity shear stress
(equitation 6). Accuracy is limited for the
hydrodynamic part by the oil model used in
simulation.
Here
a
model
from
Vogel/Barus/Cross is used, which takes into
consideration the change of dynamic viscosity
by temperature, pressure and shear rate [14].
This is one of the most exact models and
simulates this part of shear stress accurately.
The asperity shear stress is resolved more
detailed to see the particular influences
(equitation 7).
The asperity pressure pAsp is calculated by the
Greenwood/Tripp (GT) model. The summits of
the three dimensional measured surfaces are
approximated by paraboloids also defined by
GT. By supposing the accuracy of GT is exact
enough, the only variable to fit simulation
results to measurements is the local friction
coefficient µ local.

Comparing measurement with simulation and
optimising the function for a local asperity
friction coefficient gives a result for every mesh
grid. The maximum is defined by H*µ0 in the
µlocal-function, which is much higher than µ0=0.16
measured at the test bench. The results for 10,
20, 50 and 100 RPM are shown in Fig. 8. It is
important to remember that these slow
rotational speeds depict every locally dissolved
Sommerfeld number of an turbocharged ICE.
Equally the engine start and stop is represented,
what underlines the technical relevance of this
observation.
For the regarded bearing shell, the maximum
asperity friction coefficient is 0.24. This is higher
by a factor of 1.5 compared to measured
integrated friction coefficient.
Full hydrodynamics formed at 100 RPM and
higher, what meets measurement results
explained above. With a constant friction
coefficient there would still be asperity contact
left till 500 RPM as can be seen in Fig. 7.

Fig. 8. Asperity friction coefficient at different rotational speed.
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6. ACHIEVED IMPROVEMENT BY USING
LOCALLY DISSOLVED FRICTION
COEFFICIENT
To demonstrate the improvements made by
using a local friction coefficient, Stribeck curves
of measurement and simulation results are
shown in the lower part of Fig. 9. The shown
friction coefficients are the integral over the
whole bearing surface including rising
hydrodynamic with higher rotational speed. In
simulation with a constant friction coefficient an
experience based value of 0.03 was used.
This figure illustrates that a constant friction
coefficient is the main source of error for
simulation. As can be seen in the upper two
diagrams of Fig. 5a, there is almost no difference
between 10 RPM and 100 RPM for the reasons
explained above. This is also reflected in the
Stribeck curve, which is horizontal up to
100 RPM and does not coincide with
measurement results. For rotational speeds up

to 30 RPM the integrated friction coefficient is
too low, for higher speeds too high.
In contrast to the constant friction coefficient,
the local one falls from a maximum at 10 RPM to
almost zero at 100 RPM as can be seen in the
two diagrams in the middle of Fig. 9. This
behaviour represents exactly the measured
Stribeck curve and improves simulation results.
The friction coefficient used in simulation
strongly influences many technical interesting
results like friction power loss, temperatures
appearing inside the bearing shell and oil. The
asperity friction power loss for example is
calculated by:
𝐴𝑠𝑝𝑒𝑟𝑖𝑡𝑦𝐹𝑟𝑖𝑐𝑡𝑖𝑜𝑛𝑃𝑜𝑤𝑒𝑟𝐿𝑜𝑠𝑠 =

= 𝜇𝑙𝑜𝑐𝑎𝑙 ∗ 𝑃𝐴𝑠𝑝𝑒𝑟𝑖𝑡𝑦 ∗ 𝑆 ∗ ∆𝑣

(8)

In order to emphasise the described influence,
simulated asperity friction power loss results for
constant and locally dissolved friction
coefficients are shown in Fig. 10.

Fig. 9. Comparison of simulation results with and without local friction coefficients.
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Fig. 10. Comparison of asperity friction power loss.

There is not a linear correlation between friction
coefficient and asperity friction power loss. The
value of a locally dissolved friction coefficient
depends on the asperity pressure acting on each
point. The asperity friction power loss is the
product of friction coefficient and asperity
pressure. For high asperity pressures there is
consequently a high friction coefficient, what
makes the influence almost quadratic. Within a
bearing with edge girder, power loss is
concentrated to a very small area, even more
concentrated than the asperity contact pressure.

The asperity contact pressure itself can be
calculated close to reality by using 3D real
surface measurements and the classical models
for approaching surfaces (Greenwood and
Tripp) and oil flow (Patir and Cheng).

7. CONCLUSION

Furthermore, the outlined procedure can be
applied to engine subsystems with multiple
bearings like camshafts and crankshafts.

Quantitative simulation of friction power loss in
plain bearings with high asperity contact ratio is
not possible if a constant friction coefficient is
used for the whole surface. It varies strongly,
depending mainly on the asperity contact
pressure, and is successfully modelled with the
function for a local friction coefficient. The peak
values of this function can reach unfamiliar
numbers > 1.
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Future work will show whether the LAFW
function parameters H, B and C can be
generalized for certain classes of bearing shells.
If this is possible, predictive simulations can be
done just knowing the material and the surface
topography of the bearing, and test bench
calibration is necessary a few times only.
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